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INTRODUCTION

Whenever an air conditioning or ventilation system
proves to be too noisy the immediate and instinctive
reaction of the engineer, contractor and client is to
bl?me the fan, This may well be understandable — but is
it fair?

In most systems the fan is the original source of almost
all the noise we hear; so it is all too easy to conclude that
the fan is at fault and the blame thus fairly laid.
However, in the hard world of contra-charges, ‘extras’
and liquidated and ascertainable damages, this
conclision inevitably carries the implication, not that
the chosen fan is too noisy for the application, but that
it is producing more noise than claimed in the fan
specification itself!

Investigating why a system is loo noisy for a particular
application is like turning over a sione in the garden -
except that in place of the conventional ‘nasties’ one
finds ignorance, bad practice and prejudice — probably
in Larger measures than are found in any other area of
engineering.

Helping to eliminate them is the aim of this Guide,

Thezre are many excelient books on system noise and iis
coratrol, but they start by assuming the fan sound
spectrum is known. Unfortunately the fan sound
spectrum, the starting point for our calculations, can
itself be modified by the associated system. When this
happens and the spectrum we start with is thus no longer
the appropriate one for the particular system, what
hope do we have of coming up with the correct answers
at The end of cur otherwise meticulous calculations?

This booklet then, apart from the first introductory
chapter which is unashamedly taken from the Appendix
of the successful HEVAC Fan Application Guide,
corifines itself 1o the acoustic and vibration
characteristics of the fan itself — the starting points for
meaningful systems analyses.

It ‘is intended as a supplement 1o, not a substitute for,
exi sting text books. Hopefully, it will enable engineers
to  avoid many of the problems now suffered
unmecessarily.

1. NOISE

1.1. What is Noise
Most of the noise we hear is caused by fluctuations
in the pressure of the air that surrounds us. It
spreads out from its source in the form of pressure
waves which vibrate our eardrums causing signals
1o be sent to the brain.

Because it is not economically possible to move air
at reasonable rates without causing eddies,
turbulence and pressure fluctuations (all of which
produce noise), fans can be thought of as noise
generating equipment. As a first stage, therefore,
the engineer must know how noisy the fan is.

1.2. Sound Power & Sound Power Level

The noisiness of a fan could be expressed in terms
of its Sound Power (the number of Watts of
power it converts into noise}. However, it is
inconvenient to do this because the range of values
found in practice would be incredibly large. (From
0.000 000 001 Watts to 40,000 000 Watts!) Fan
noise is therefore expressed as a ratio which
logarithmically compares its Sound Power with a
reference power, the Picowatt (10" Watt). The
unit of Sound Power Level is the Decibel.

Sound Power Level is \gefined as follows:

Lw = 10logip w. dB

where Vo

Lw =Sound Power Level in Decibels re 10"
Watts.

W =Sound Power of the noise generating
equipment in Watts,

W = reference sound power (re 10'*Watts).

Fig 1.1 clearly shows how the logarithmic scale
compresses the unacceptably wide range of
possible Sound Power to Sound Power Levels
having a practical range of 30-200dB.

Sound
Power
Sound Power Levet
(Watts) dB  Source
251040 000 000 195  Saturn rocket
100 000 170 Ram jet
10 000 160 Turbo jet engine 3200kg
thrust
1 000 150 4 propeller airliner
100 140
10 130 75 piece orchestra
1 120 Large chipping hammer
0.1 110 Blaring radio

0.01 100  Car on motorway

0.001 90 Axial ventilating fan
{2500 m*h) Voice
shouting

0.0001 80

0.00001 70 Voice — conversational
level

0.000001 60

0.0000001 50

0.00000001 40

0.000000001 30 Voice — very soft
whisper

Fig 1.1.
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A disadvantage of the Decibel scale is that values
cannot be added or subtracted using the normal
arithmetic rules. Decibel values must be converted
back into absolute units of power (Watts), when
they can be added or subiracted directly before re-
converting back into Decibels. However, this
tedious process can be avoided by using the
following simple but approximate method. Column
2 shows how much must be added to the higher of
two sound power levels to obtain the equivalent
combined level, when the dB difference between the
two levels is shown in column 1.

Column | Column 2

dB to be added

two levels dB to the higher level

in

th
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i0 or more

Fregquency & Oclave Bands

Noise usually consists of a mixture of notes of
different frequencies, and because these different
frequencies have different characteristics, a single
Sound Power Level is not sufficient in itself to
describe the intensity and quality of a noise.

The frequency scale is therefore split into bands
and a Sound Power Level quoted for each, QOctave
bands are used for this purpose (bands of frequency
in which the upper limit of frequency is twice that
of the lower limit). If a more detailed picture is
required one third octave bands are employed. The
octave band frequencies universally recommended
have mid-frequencies of 63, 125, 250, 500, 1000,
2000, 4000 and 8000 Hz.

The noisiness of a fan is described by a number of
sound power levels (in Decibels re 10"* Watts), each
corresponding to an octave band frequency.

Sound Pressure & Sound Pressure Level

The Sound Power Level of a fan can be compared
to the Power Qutput of a heater. Both measure the
energy (in one case — noise energy, the other -
heat energy) being fed into the environment
surrounding them. However, neither the Sound
Power Level or the Power Output will tell us the
EFFECT on a human being in thai surrounding
space,

In the case of the heater, the engineer, by
considering the volume of the surroundings, the
characteristics of its envelope, and what other heat
sources are present, can determine the resulting
temperature at any point. In a similar way, the
acoustic engineer, by considering very similar
criteria, can calculate the Sound Pressure Level at
any point, (Remember, it is sound pressure that
impinges on our ears and determines how we hear
noise.)

Sound Pressure Levels are also measured on a
logarithmic scale. Again the unit is the Decibel,
but this time referred to 2 x 10”* Pa, (Fig 1.2) (Pa
= N/m?.

Lp=20log 10 P—

where Po
Lp=Sound Pressure Level in Decibels re 2 x 10
Pa

P =Sound Pressure of the noise in Pascals
Po = reference pressure (= 2 x 10° Pa)

As is the case with Sound Power Levels, Sound
Pressure Levels must be quoted for each Octave
Band if a more detailed picture of the effect of the
noise on the human ear is required.

There is another important benefit to be gained
from using the decibel scale. Because the human
ear is sensitive to noise in a logarithmic fashion,
the DECIBEL scale more realistically represents
how we respond to a noise.

Sound Sound
Pressure Pressure
{Pascals) Level dB Typical Environment
200.0 140 30m from military aircrafi at take-off
63.0 130 Pneumatic chipping and riveting
{operator’s position)
20.0 120 Boilers shop (maximum levels)
6.3 110 Automatic punch press (operator's
position)
2.0 100 Automatic lathe shop
0.63 90 Construction site — pneumatic drilling
0.2 80 Kerbside of busy street
0.063 70 Loud radio (in average domestic room)
0.02 60 Restaurant
0.0063 50 Conversational speech at 1m
0.002 40 Whispered conversation at 2m
0.00063 30
0.0002 20 Background in TV recording studios
0.00002 0 Normal threshold of hearing
Fig 1.2.
THE ENGINEER MUST CLEARLY

DISTINGUISH AND UNDERSTAND THE
DIFFERENCE BETWEEN SOUND POWER
LEVEL AND SOUND PRESSURE LEVEL. HE
MUST ALSO APPRECIATE THAT dB RE 10"
WATTS AND dB RE 2 x 10° Pa ARE
DIFFERENT UNITS WITH NO ABSOLUTE
FORMULAE CONNECTING THEM!

It is impossible to measure directly the Sound
Pressure Level of a fan. However, the manu-
facturer can calculate this level after measuring
the Sound Pressure Levels in each octave band
with the fan working in an accepted standard
acoustic test rig.

What he cannot do is unequivocally state what
Sound Pressure Levels will result from the use of
the fan. This can only be done if details of the way
the fan is to be used, together with details of the
environment it is serving, are known and a
detailed acoustic analysis is carried out-



Relative Sound Praessure Level (dB}

VZ
LAY
/

Specifying Sound Pressure Levels

Understanding the difference between Sound
Power Level and Sound Pressure Level, the
engineer must now learn to appreciate how
acceptable levels of Sound Pressure can be
specified.

As it is inconvenient to quote a series of sound
values for each application, several efforis have
been made to meaningfully express noise intensity
and quality in one single number. Because the ear
reacts differently to different frequencies all these
single figure indices therefore mathematically
weight the Sound Pressure Level values at each
octave band according to how the ear responds to
noise at that frequency.

dBA, dBB & dBC Sound Pressure Levels

What have been termed A, B and C noise levels
were an early attempt to produce single number
sound pressure indices. To obtain these, different
values are subtracted from the Sound Pressure
Levels in each of the frequency bands, subtracting
most from those bands which affect the ear least.
The resulting values are then added together
logarithmically to produce an overall single
number sound level. Fig. 1.3. shows the different
weightings employed; they are known as the A, B
and C curves. The resulting noise levels are known
respectively as dBA, dBB and dBC.
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Fim. 1.3, Sound Weighting Curves

It was originally intended that the A weighting
should be used for sound pressure levels up to 55
dB, the B weighting for sound pressure levels
between 55 and 85, and the C weighting for higher
sound pressure levels. However, nowadays, the A
weighting is used for all sounds regardless of level
because it has been found that there is a good
agreement between subjective reaction and the A
weighted sound level, regardless of level, for any
generally similar noise sources,

1.7,

QOctave Band Sound Pressure Level d8

A, B and C weightings are simple and effective for
making initial assessments (inexpensive sound
level meters are available which measure directly
on these scales). Unfortunately, however, too
much information is lost in combining all the data
into one figure to allow them to be of any use for
calculation and design work, and most noise
control finally depends on frequency analysis.

Noise Criteria Curves (NC)
It is obvious that the combination of a single
figure index such as dBA with more information
on the shape of the frequency content would be
useful. Noise Criteria curves (NC) were evolved to
meet this need,
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Fig. 1.4. Noise Criteria Curves

NC curves consist of a family of octave band
spectra, with each curve marked with its own NC
rating number. The octave band spectrum of the
noise being analysed is plotted on the same grid
and the NC rating of that noise corresponds to the
highest NC curve touched by the noise spectrum,

Fig 1.4. shows a set of NC curves with overleaf a
table indicating recommended levels for various
environments. The spectrum of a noise with a NC
rating of 35 is also shown on the grid.

NC ratings are particularly suitable for selecting
and assessing suitable background noise levels for
ventilating and air conditioning systems-



Recommended NC Levels for Yarious Environments

Range of
NC levels
Environment likely 1o be
acceplable

Factories (heavy engineering) 55-75
Faclories (light engineering) 45-65
Kitchens 40-50
Swimming baths and sports areas 35-50
Department stores and shops 35-45
Restaurants, bars, cafeterias and canteens 35-45
Mechanised offices 40-50
General offices 35-45
Private offices, libraries, courtrooms and
schoolrooms 30-35
Homes, bedrooms 25-35
Hospital wards and operating theatres 25-35
Cinemas 30-35
Theatres, assembly halls and churches 25-30
Concert and opera halls 20-25
Broadcasting and recording studios 15-20

1.8. Noise Rating Curves (NR)

QOctave Band Sound Prassure Level

NR (Noise Rating} curves are an alternative to NC
curves, Because NR curves follow mathematical
laws they are easier 10 handle on a computer than
the empirically produced NC curves. The sets of
curves are very similar and are used in an identical
manner (Fig 1.5.).

NC and NR ratings are now being more frequently
guoted on UK specifications and appear 10 be
replacing the previously popular dBA level.
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Firg. 1.5. Noise Rating Curves

Environment NR criterion

Concert halls, opera halls, studios for sound
reproduction, live theatres (500 seats) ........... 20

Bedrooms in private homes, live theatres (500
seals), cathedrals and large churches, television
studios, large conference and lecture rooms (50
People) ..o e 25

Living roems in private homes, board rooms, top
management offices, conference and lecture rooms
(20-50 people), multi-purpose halls, churches
{medium and smatl), libraries, bedrooms in hotels,
etc., banqueting rooms, operating theatres,
cinemas, hospital private rooms, large courtrooms. 30

Public rooms in hotels, etc., ballrooms, hospital
open wards, middle management and small offices,
small conference and lecture rooms (20 people),
school classrooms, small courtrooms, museums,
libraries, banking halls, small restaurants, cocktail
bars, quality shops. ........ciiiiiiiiii o, 35

Toilets and washrooms, large open offices,
drawing offices, reception areas (offices), halls,
corridors, lobbies in hotels, hospitals, eic.,
iaboratories, recreation rooms, post offices, large
restaurants, bars and night clubs, department
stores, shopgymnasis. ........ooveiiiiiin s 40

Kitchens in hotels, hospitals, ete., laundry rooms,
compuler rooms, accounting machine rooms,
cafeterias, canteens, supermarkets, swimming
pools, covered parages in hotels, offices, elc.,
bowlingalleys ..........cciviiiiiiniiinanass 45

NR50 and above
NR50 will generally be regarded as very noisy by sedentary
workers, but most of the classifications listed under NR45 could
just accept NR50. Higher noise levels than NR50 will be justified
in certain manufacturing areas; such cases must be judged on
their own merits.

WARNING

Unfortunately, a number of fan manufacturers
indicate the noisiness of their products by Sound
Pressure Levels expressed in dBA (or dBC). These
figures refer to the Sound Pressure Levels which
would be experienced by an observer at a distance
of 3m, usually in dBA, or occasionally 3 x fan
diameters {(dBC) from the fan. It is important to
note that these dB values must only be used to
compare the noisiness of similar types of fan!

It cannot be stressed too often that on no account
must the engineer be tempted to assume that the
Sound Pressure Levels quoted in manufacturers’
catalogues will in any way be similar to those
achieved in practice.

Depending on circumstances, they can be sub-
stantially exceeded or reduced.

The internal areas of modern commercial and
industrial buildings have hard boundary surfaces
which cause a high proportion of sound energy
incident upon them to be reflected causing a high
reverberant sound pressure level to be built up.
When this occurs, the sound pressure level
readings indicated on a sound mmeter are
independent of the distance from the noise source.
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Thought of objectively, using dBA to describe the
noisiness of a fan is as absurd as stating the output
of a heater in terms of the temperature it wouid
produce three metres from its face if it were
suspended in space! It will be better for all
involved when only Sound Power Level
information is used to specify fan noise. In the
meantime, engineers must always be careful to
check how noise information is expressed.

In the same way, it is pointless specifying Sound
Pressure Levels or NC ratings to a fan
manufacturer unless adequate information about
how and where the fans are to be used is also
provided. In view of the considerable amount of
work involved in calculating Sound Pressure
Levels and NC criteria, engineers will be well
advised 10 check whether a particular manu-
facturer includes this analysis work in his service
or whether acoustic engineers must be employed.

Noise from Fan Systems

We can now assume that the engineer understands
the fundamental difference between Sound Power
Level (Lw) and Sound Pressure Level (Lp) and is
aware of the main criteria by which acceptability is
judged. Perhaps the theoretical calculation of the
Sound Pressure Levels in an area resulting from a
system feeding it may be beyond him (certainly the
theory and method are beyond this brief treatise),
but he should be in a position to understand the
results of such an analysis. He must now learn
what precautions he must take when designing and
installing these systems.

The noise resulting from a fan sysiem can be
caused in several ways and can enter an area by
more than one route.

The noise energy generated by a fan will be fed
into the duct system, forced to pass along its
length, and a proportion will enter the area being
served by the system. The balance of original noise
energy not reaching the ventilated area will be
absorbed by the system.

Noise will also be generated by the airflow as it is
obstructed and turned in its passage along the duct
system. Sound energy will therefore be introduced
into the system at bends, dampers, heaier
batteries, etc., and again a proportion will pass
into the ventilated area. Also noise produced as
the airflow passes through the terminal devices
themselves will be radiated directly into the
ventilated area.

Some of the noise absorbed by the duct system is
in fact lost through the duct walls and can be a
nuisance in those areas through which the ducting
passes, This Break-out noise can even reach the
ventilated area itself, Airborne noise from a plant
room, and vibration energy from the fan, can also
be transmitted through walls, floors and ceilings
into adjacent areas.

Break-out & Flanking

Fig 1.6, shows how noise breaking-out of a
system, or flanking it, can enter the ventilated area
(and other areas).

(i) Airborne noise from plant room
(ii) Structureborne noise

(iii}y Ductborne noise

(iv) Break-out of ductborne noise
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Fig. 1.6. Noise Breaking Out of a System

(i) Airborne Noise from the plant room can
either be reduced by incorporating an
attenuator after the fan itself, as shown in
Fig 1.7, or if the plant room is noisy making
the room as acoustically isolated as possible
by using sound isolating materials and
building methods.

(ii} Structureborne Noise can be eliminated by
isolating the fan from the building and duct
system.

If a fan is belt-driven, it must be mounted on
a frame together with its motor, and this
common frame must then be supported on
anti-vibration mountings.

All items held on this isolated frame must be
reached through flexible connectors. For
example, motor connections must be in
flexible cable and flexible conduit. The
flexible connectors between the fan and the
inlet and outlet ducts must have similar
sound reduction qualities to the ducts
themselves, as otherwise noise will break-out
through the connectors.

When the fan and motor frame is mounted
on a firm base, anti-vibration isolators are
easily selected from the manufacturers’
catalogues providing the total weight of the
frame (and what it is supporting) and the
rotational speed of the fan are known.
Nowadays, however, plant rooms are often
at the top of a building and the deflections of
the floor must be taken into account. The
advice of the specialist isolator manufaclu.rer
should be sought in such cases. The isolation
of vibration is an important part of Chapter
6.



PLANT ROOM WITH LOW NOISE LEVELS
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Attenuator prevents duct noise from
""breaking-out” into plant room.

PLANT ROOM WITH HIGH NOISE LEVELS

Fig. 1.7. Attenuator on Fan Discharge for Plant Room Considerations

Attenuator prevents plant room noise
“breaking-in" into duct system.

See a'so Fig. 4.3,

(iii)

(iv)

It is possible for turbulent airflow to mech-
anically excite a large duct, but resilient duct
hangers can prevent this vibration being
transmitted to the building structure. Resi-
lient hangers must be used immediately after
the source of the turbulence (e.g., fan 90°
bend) for a length of approximately 10 times
the minimum duct dimension.

It should aiso be noted that turbulence
induced vibration of ducts can result in
significant sound radiation due to this
phenomenon alone. To overcome this
problem, first investigate the possibility of
reducing the turbulence in the airflow within
the system, possibly by the use of guide
vanes, etc. If this is not practicable, then
stiffen and/or damp the duct walls,

Ductborne Noise through the external louvre
can be reduced by inserting an attenuator
between it and the fan, or, if there is
insufficient room, using an acoustic
attenuating louvre.

The Noise in the Duct, and hence the break-
out noise, can often be reduced by atten-
uators or occasionally with duct lining; but if
this is not sufficient, outside lagging of the
duct may be necessary.

WARNING

Noise, not produced by the ventilating
system, can enter through the ductwork and
subsequently be a nuisance in the ventilated
area, This situation can be thought of as
Break-in and must be treated in a similar
manner to break-out. In the same way
outside noise {e.g., aircraft noise} can enter
the system through the external louvre and
must be attenuvated, if unacceptable.

L1
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Measuring Noise Levels

The acoustic performances of fan systems should
be measured on site for the same reason that
aerodynamic performances are checked; physical
tests are the only certain method of ensuring that
clients get what they specify!

The evaluation of a system on site is dealt with in
Chapter 8. Examples of typical problems and their
‘cures' are given in Chapter 10.

Summary

If the sound pressure levels exceed the specified
values, the engineer must attempt to reduce them;
all the time bearing in mind that time is short, no
further money is usually available, and that it will
be difficult, if not impossible, to gain access to
certain sections of the system.

There are a number of actions which can be taken,
but if none of these measures reduces the noise
level sufficiently, then it may prove necessary to
alter the acoustic characteristics of the area being
served in an effort to absorb more of the sound
energy discharging from the fan system. An
acoustic engineer should be consulted if such a
stage is reached.

However, everyone must be aware (especially
clients!) that reducing noise levels below
reasonable values is incredibly expensive. In fact,
the total cost of a system increases exponentially
as the NR rating is lowered. For this reason the
target noise level resulting from a fan system must
be chosen with care after studying the guides and
the conditions special to the contract.

Remember — there is no justification in paying
for a fan system which would generate a back-
ground level of only NR 25, if the noise from an
adjacent road would make NR 35 more
appropriate!

Fan Selection

Different types of fans produce different noise
spectrum shapes and the engineer must make a
selection that causes the minimum offence for the
particular application. However, because certain
sound frequencies are more easily suppressed than
others, the choice of fan must be made after
considering it alongside the absorption of the
system itself, and often of a specialised attenuator
device inserted into the system. For example, it
can be advantageous to use a small high speed fan
with a matched attenuator than a quieter slower
speed fan which is more difficult to attenuate.

The subject of relative sound levels, spectrum
shapes and attenuators is dealt with in detail in
Chapters 3 and 4. The same chapters also discuss
how fan noise varies with duty.

The engineer must also take care to ensure that the
airflow into the fan impelier itself is uniform;
otherwise the fan itself will produce considerably
more noise than specified. Chapter 4 deals with
the important aspect of sysiem design.

System Design .
The engineer should remember that noise
generation within an air distribution system 1s
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caused by aerodynamic turbulence. 1f, therefore,
he conforms to the codes of recommended design
practice, paying special attention to those areas
where the turbulence is likely, both aerodynamic
and acoustic efficiencies will improve.

Environmental Noise

Often the external noise criteria can be more
stringent than the internal criteria. It must be
ensured that operation of fans does not affect
local residents or any nearby properties, part-
icularly if the fans are to be operated at night time,

The local Environmental Health Department may
well be involved — they will place an overall noise
limit to be met. This will usually be in the form of
a maximum dBA level at a specified position. The
value of the level is usually assessed with reference
1o the British Standard 4142, 1967 (revised 1975)
“Method of Rating Industrial Noise Affecting
Mixed Residential and Industrial Areas’. The
Standard compares the predicted noise level,
correcting it for any tonal, impulsive and
intermittancy and duration characteristics with the
existing background level and concludes that if the
corrected noise level exceeds the background noise
level by 10 dBA then public complaints will be
likely, whilst if the difference is 5 dBA theniitisa
marginal case. In general one usually designs to
meet the existing noise level at the nearest
property. Whether or not the fans are to run at
night-time is thus crucially important in
determining the degree of noise attenuation, as
background levels usually fall considerably for
this period.

2. FAN SOUND LEVELS (TESTING AND
PRESENTATION)

2.1,

Pip

238

Tesling Methods

For the estimation of the noise radiated {rom a fan
system, whether directly from an open fan inlet or
outlet, or after passing through any ducting to
which it is connected, an accurate determination
of the fan sound level is necessary.

Various standard tests are prescribed Lo obtain the
fan sound power level, using sufficient measure-
ments of sound pressure level. As explained
previously, the sound pressure level Lp is only an
indication of the sound power output of a fan,
and will vary widely according to the test
environment. The fan sound power level Ly is
calculated from one or more measurements of Lp
at specified microphone positions together with
the inclusion of factors related to the size and type
of the environment, Four arrangements are used
for standard tests, and are briefly described.

For full details, the test specifications should be
consulted, the most relevant being:

BS 848 Part 2 Draft 1984 “‘Fan Noise Testing'".
AMCA Standard 300-67 ‘*Test Code for Sound
Rating™’.

In-Duct Measurement

Measurements are made of sound pressure level
inside the duct connected to the fan. Precautions
need to be taken to avoid wind noise on the
microphone and noise trapped in the duct by end
reflections, and, therefore, microphone wind
shields and anechoic horn type duct terminations
are used. The in-duct method is very useful for
testing the larger sizes of fan. Fig 2.1.

For this test, the relationship between Ly and Lp
is given by Lw=Lp+ 10 log A where A is the area
of the test airway in square metres.

It must be said, however, that windshields offer
only minimal protection against wind noise, and
indeed aerodynamic nose cones and turbulence air
screens on offer by noise measuring equipment
manufacturers can give rise to high levels of wind-
induced noise. Literature is usually supplied by the
manufacturers relating such noise levels to air
velocities. However, in practical situations large
errors can arise. This type of test method must
therefore be treated with extreme caution.

Free Field Measurement

As the name suggests, the open inlet or outlet of
the fan is placed in an environment where the
sound can radiate outwards in all directions
without any reflections. Measurements are made
of sound pressure level over the surface of an
imaginary sphere, having its centre at the centre of
the fan opening and a radius related to the
opening size, but not less than 1 metre. Fig 2.2.

Hemispherical Free Field is a variant of this
method where a reflecting ground plane is used
and the measurements are made over a hemisphere
centred on the ground vertically below the centre
of the fan opening. This method is much more
suitable for the testing of the larger fans because
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2.4,

of the impracticability of obtaining free field
conditions in the downward direction in those
cases. It is particularly useful for testing out-of-
doors, provided there are no adjacent buildings to
reflect sound back to the measuring area. Fig 2.3.

For these tests the relationship between Ly and L
is given by:
Lw=Lp (mean+20 log r+ 11 — spherical free
field
+ 8 — hemispherical
free field
where r is the distance of the points of measure-
ent from the centre of the sound source in
metres.

Reverberant or Diffuse Field Megsurement

The open end of the fan is situated in a room with
reflecting walls and of such size and proportions
that the sound is diffused into a uniform value
within the room (except immediately adjacent to
room surfaces). Measurements are made continu-
ously over an arc in a number of distributed
microphone positions to confirm that the sound
pressure level is uniform. Sound power
calculations are made using a room constant
related to the size and room surface, or by
comparing the sound pressure readings with those
obtained from a reference source of known sound
power output tested in the same way, Fig 2.4,

A semi-reverberant method is a variant which does
not require the same control of room conditions,
but uses the reference sound for a direct
comparison of sound pressures and, therefore,
power levels between the fan and a known source,
subject to the same checks from the microphone
readings to confirm that there are no undue
variations. The method is particularly suitable for
shop testing, provided that the background noise
level is sufficiently low.

2.5.

For these tests, the relationship between Ly and
Lp is given by:

Lw=Lp {(mean) — Lp (r)+ Lw (r)
where Lp(r) and Lyw(r) refer 1o the mean sound
pressure level and known sound power level of the
reference sound source.

When a room fully complying with specification
requirements for a diffuse field is used, the
formula

Lw=Lp{mean)—i0log T+ 10 log V — 14
may be applied where

T = reverberation time in seconds,

V =test room volume in m".

The Fan Installation for Test

Whilst the standard test methods lay down the
techniques for the accurate determination of the
fan sound power level, it is also necessary in the
fan installation to ensure that:

1.  the fan is correctly loaded to its required
operating point and that the manner of
loading does not artificially increase the fan
noise output by providing increased turbu-
lence at the fan inlet, or by being a
significant noise producer itself.

2.  the sound issuing from the fan on the side
opposite to that being measured is not
creating an undesirable background level.
This may be effected using acoustic attenu-
ators.

The background level in each octave band
should be 10dB below the actual level of
noise being measured.

3.  Any unrepresentative noise and vibration
coming from the fan and its driving means,
or from its supports, are identified and
eliminated before the test.
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<
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2.6.

2.7.

Site Tests

The best environment for a site test is one which
approaches one of the standard ones just
described. This may be possible in certain limited
cases, but in the main the situation is usually far
from ideal, with high background levels.
inaccessible measurement locations and intangible
installation effects.

However, if the principles mentioned for the
standard tests are used as a guide, it may be
possible in some cases to obtain the fan sound
level from a site test.

Accuracy

The typical uncertainty associated with the
determination of fan sound power levels in a
controlled test environment is indicated in the
following table. A more detailed version is
presented in BS 848 Part 2 Draft 1984. The
uncertainties are greatest at low and high
frequencies,

4 Octave Band

Typical Standard
Centre Frequency

Deviation of Sound Power

Hz Level - dB
Less than 100 4
100 - 200 3
250 - 630 2
800 - 5000 1.5
6300 - 10000 3

When measurements are performed under on-site
conditions the level of uncertainty is likely to increase.

2.8

Presentation of Fan Sound Levels

Because of the difficulty in accurately measuring
sound power levels based upon sound pressure
levels for frequencies lower than 100 Hz, the
standard octave bands for which fan sound levels
are presented are 125, 250, 500, 1000, 2000, 4000
and 8000 Hz. If 63 Hz values are reported, it must

be appreciated that they will have a lower order of
accuracy. Furthermore, if an overall sound power
level is obtained from a single sound pressure level
reading, using the unweighted or flai {dBLin)
noise level meter circuit, it must be viewed with
suspicion because of the possible inclusion of
background low frequency elements of high
magnitude.

Although in many cases the noise levels are not
widely different, it should be realised that a
particular fan could have four basically different
sound outputs, according to the installation. They
are:

Fan inlet sound level — ducted inlet

Fan inlet sound level — open inlet

Fan outlet sound level — ducted outlet

Fan outlet sound level — open outlet
See also BS 848 Part 2 Draft 1984.

Only approximate relationships exist between
these four, and when accurate noise calculations
are necessary it is better to test the fan according
to the desired installation (but refer to manu-
facturers’ data).

However, in the absence of other data, it is often

assumed that:

1. Fan inlet sound level (ducted inlet)=fan
outlet sound level {ducted outlet).

2. Fan inlet sound level {(ducted inlet)=fan
inlet sound level (open inlety + end
reflection,

3.  Fan outlet sound level (ducted outlet)=fan
outlet sound level (open outlet) + end
reflection.

The end reflection is related to the above octave
band mid-frequency and the area of the opening,
as shown in Fig 2.5.

The fan sound power level spectrum can be
conveniently presented as an overall value,
together with individual octave band level values
relative to it (always negative).
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3. FAN SOUND LEVELS (OPERATIONAL
SECTION)

3.1.
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Fan Selection

The choice of fan type is influenced by many
factors, including sound. The fan sound spectrum
is clearly a critical factor in relation to the
achievement of a low noise level within the space
served by the fan or adjacent to it. The overall
sound level and in particular the shape of the
spectrum are of major importance,

The type of fan, its size and speed will all influence
the nature of the sound spectrum. Fig 3.1. shows

some typical sound spectra for various types of
fan.

However, excepting for fan coil units, system
attenuvation is usually strongly frequency
dependent and therefore such a spectrum shape
choice is not relevant.

ﬂ‘b

max. 16 Axial Flow Fan
s
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| max. Curved
\\ Centrifugal
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Flowrate Frequency
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llmax or paddle
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Flowrate Frequency

Figg. 3.1, Typical fan sound spectra for various types

For a given performance the lowest sound level for
a particular fan type will generally be realized
when the fan is selected to operate in the region of
maximum efficiency.

Human Response

In considering the influence of spectrum shape, it
is important to understand the response of the ear
to sound. The sensitivity of the ear to sound varies
with the sound frequency. It is less sensitive to low
frequency sound and most sensitive to frequencies

11

Sound pressure level dB above 2 x 10'5 mez

140
130
120
110

within the range 250 to 8K Hz. Fig 3.2. contains
details of equal loudness contours. The influence
of frequency on the ear's response can be clearly
seen, e.g., al 500 Hz a Sound Pressure Level of 66
dB compares with a level of 80 dB at 63 Hz.

For a specified value the various noise criterion
specifications such as NC and NR curves accept
relatively high levels of low frequency sound,
reducing as the frequency level increases.

In practice, this means that fan types with a
spectrum shape which relates to the response of
the ear will, as a basic fan, i.e. without
attenuation, be generally more acceptable from a
noise viewpoint than those types having the
highest sound levels in the mid/high frequencies.

The general sound spectrum of centrifugal fans is
normally highest in the low frequency levels,
falling off as the frequency increases. They will
thus appear quieter than axial types for a similar
performance. It should be noted, however, that
low frequency is generally more difficult to
attenuate.
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Fig. 3.2. Equal Loudness Contours (by Raobinson and Dodsonl.

3.3. Tonal Effect

A further aspect that must be considered in
relation to the quality of the fan sound is whether
or not there are any tonal effects.

Fan sound is made up of two major components,
broad band sound due to the aerodynamic noise
generated by the throughput and the rotational
sound attributable to the rotating parts at the
blade passage frequency. The blade passage
frequency and its harmonics is a direct function of
the number of blades and the fan speed, i.e.,

blade passage frequency = blade numbers X rpm
60
Certain types of fan can generate pure tones as

part of the sound make-up and the pure tone can
create a particular nuisance. Fans with a low
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Sound Power Level dwW re 10 "2 Waus.

number of blades, e.g., Propeller Fans and low
solidity Axials, can generate pure tones and this
possibility should be considered in the light of the
application. Fig 3.3. shows '3 octave and
spectrum of a 3 bladed Axial showing clearly the
pure tone in the blade passage frequency.

In order to minimise the basic sound problem the
fan selection must be carefuily considered. The
fan type and speed will influence the nature of the
spectrum, whilst the operating point will affect the
overall sound level,

It is emphasised that the presence of marked tones
has a strong adverse subjective effect and it is the
current opinion of many experts that our noise
criteria and noise laws underestimate such effect.

Operation
The operating point of a fan can vary for diverse
reasons and it is clearly important to be aware of

the effect of a change in operation on the sound
level,

Surprisingly, the variation in overall sound power
in the region of normal operation is not excessive.
In the case of centrifugal types the increase in
overall sound power level for say + 30% volume
variation from the optimum selection point can be
no more than 2 dB, depending on type.

In the case of Axial type fans the sound variation
will again be a function of type and blade angle.
However, at mid blade angles around peak
efficiency some = 20% volume variation can be
required to bring about an increase in appro-
ximately 2 dB on the opiimum point. At the
steeper blade angles the overall sound level is
remarkably consistent across the characteristic. At
the shallow angles, as the peak pressure is
approached the sound variation relative to change
in volume increases and can be as much as 7 10 8
dB for a reduction in volume of some 20%.

Clearly this is a point worth noting since,
providing the fan is setected as recommended, it is
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3.5

possible to ensure that the effect on performance
variation will not cause an excessive change in the
sound level.

Care must be taken, however, in the case of a fan
type having a pronounced stall. If an increase in
pressure causes the fan to operate within the
stalled region then the sound level will ceriainly
increase and the performance will decrease.
Though clearly not part of the recommended
operating region, axial flow fans have a
characteristic stall. Therefore, if there is the
possibility of an increase in system resistance, the
operating point must be carefully considered to
ensure that a fan type having a stall will continue
10 operate within the recommended portion of its
characteristic.

Generally, fan sound data are based on fan
selection within the region of maximum
efficiency. The operation of a fan at a point on the
characteristic far removed from this region, say,
shut off or free discharge, can bring about
considerable increases in sound levels, of the order
of 10 dB. The spectrum shape can also change.

Therefore, where, because of the application, fan
operation is anticipated in these regions it is
important to consult with the fan manufacturer
for further advice.

Relative Fan Sound Levels for Different Fan
Types

In comparing the differences in sound output of
different types of fan, it is necessary to consider

the basis on which they are compared, the
installation arrangement being the same in each
case, of course — i.e., open or ducted inlet or
outlet,

It is also necessary that the comparison is of fans
operating at the same performance condition, and
it will be readily recognised that a slow running
centrifugal fan is likely to have a completely
different sound outpul compared with that of a
high speed axial flow fan.

1.  Overall Level
The first point to consider is the magnitude
of the overall sound level. An approximate
formula applicable to meet types of fan
operating near their best efficiency point is:

Sound Power Level Lw{dB)=33+9 |ogw PR
+29 Logloﬂ D

where PR = impeller power (watts)
1 =rotational frequency (rev/s)
D =impeller diameter (m)

For a given performance requirement Pp
will vary with fan efficiency and the product
n D with fan type, being lowest with
centrifugal fan types. It may be expected,
therefore, that high efficiency centrifugal
fans will be appreciably guieter than axial
flow fans requiring a much higher blade tip
speed. Typically, the ratio of tip speed is 2:1,
giving a 9 dB difference in overali level.
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2.  Spectrum Shape
The second consideration is the shape of the
sound level spectrum relative to that overall
level. Fan sound level spectra have been
fairly well established with typical examples
shown in Figs 3.1 and 1.4.

It should be remembered that these figures
for overall level and for spectrum shape are
approximate and will vary from one fan
design to another. For accurate data the fan
manufacturer must be consulted.

3.6. Scaling Laws for Noise

It is possible to predict the change in noise level,
both on an overall basis and on the spectrum
values, with change of speed or diameter for fans
of the same basic design. However, because of

possible inaccuracies in the indices used in the
scaling laws, they should not be used for changes
in size, rotational speed, or tip speed greater than
a factor of 1.5 greater or lower.

Change in level due to n
speed change =A log)g T_121
Change in level due to

size change =B logg b

D,

Typical values of A are 50 to 55, and B are 70 to
75. Values of 55 and 70 respectively have been
used in the nomogram, Fig 3.5, to permit easy
calculation of the change in noise level AdB with
change of speed and size.

Sound Level Nomogram
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4. FAN APPLICATION AND
INSTALLATION

4.1.

4.2,

Fan Sound Level

The sound emitted by a complete fan unit

comprises:

d. Aerodynamic Sound resulting from the flow
through the fan and casing.

b. Mechanical Sound, namely, the sound
generated by the driving arrangement in the
form of the bearings, any v-belts and the prime
mover, generally an electric motor,

T_he aerodynamic sound is usually appreciably
higher than the mechanical sound and, as such,
the major cause of any nuisance value.

Aerodynamic Sound

The Aerodynamic Sound is a function of the fan
duty, and this provides the starting point leading
to the possible aerodynamic sound level. An
alternative formula to that given in 3.5. can be
used to estimate the Fan Sound Power Level,

Ly =10 log qv+20 log pp+ K

where Ly =Fan Sound Power Level {dB re
10"*W) at either the inlet or
discharge side of the fan

Qv = Fan Inlet Volume

pr = Fan Static Pressure

K ={Constant, dependent on fan
type, efficiency and operating

point.

Clearly, the higher the fan duty, i.e., its volume
and pressure, the higher will be the sound level
and vice versa.

Therefore, the first positive step that the designer
can take to minimise the noise level within the
constraints of the type of plant or system is to
ensure that:

(i) The volume to be handled by the fan is
adequate, but does not include excessive
contingency factors.

(ii)  Careful consideraltion is given to the system

layout and the air flow aspects of the
component design to minimise the system
resistance and hence the fan static pressure.

The volume is decided by process and/or
application factors, and where reliable design data
are available there can be little scope for reduction
in the noise level. A key factor is the utilisation of
reliable design data in the design computations to
ensure that the estimated air quantity to be

handled is sufficient to meet the process require-
menis,

The application of good aerodynamic design
practice to the system layout will assist in
minimising the flow resistance to air flow. Such
factors as the choice of duct velocities, design of
duct area changes and transitions, branch take-off
arrangements, fan inlet and discharge connect-
ions, bend design and basic component selection
relative 1o pressure drop must all be considered in
the light of the plant layout restrictions,
economics and function. There is clearly scope in

15
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4.3.1.

this area for the skilful designer to influence at an
early stage the basic fan sound level.

It is particularly important to ensure that all
components are installed in such a manner as to
achieve maximum efficiency. The air distribution
must be as envisaged in the pressure drop
calculations if the estimated values are to be
realised.

It should be noted from the previous formula that
the contribution from the volume factor is half
that from the pressure factor. Hence a 20%
reduction in the volume without change of
pressure wiltl reduce the overall Fan Sound Power
value by 1 dBW, whilst a similar perceniage
reduction in the pressure with the same volume
will lower the level by 2 dBW, There is often more
scope through the application of good design
practice to reduce the system pressure drop than
the volume, and it is worth noting that the benefit
in the overall reduction is greater,

Thus careful consideration of the plant and system
factors influencing the initial Fan Duty, i.e., the
fan volume and pressure, through the use of
reliable design data and good system design from
an airflow viewpoint, is the [irst step in
minimising the primary sound level. Two
additional benefits are a reduction in the power
consumption and system regenerative noise.

TIME SPENT AT THIS EARLY STAGE
COULD PROVIDE A THREEFOLD BENEFIT

Even when all these considerations have been
taken into account, the fan aerodynamic noise can
be significantly increased by allowing highly
turbulent air and distorted flow to enter the fan.
Care must be taken to avoid bends, dampers and
obstructions near the fan inlet, which could give
rise to these effects. On the fan outlet also, such
obstructions should be avoided, particularly with
a fan having a high outlet velocity. Fan perform-
ance also is affected (see HEVAC Fan Application
Guide).

Mechanical Sound

The mechanical sound of a fan unit arises from its
drive arrangement and includes any electrical hum
from the driving motor. Where the motor is
mounted in the airflow, such as a direct driven
axial fiow fan, its mechanical noise is additional to
the aerodynamic sound carried in the ducting.

Fans which have an external drive arrangement
will have a measure of sound from bearings,
v-belts (where applicable}, and the motor.

The level of the mechanical sound, certainly
relative to the aerodynamic sound, does not
normally reach a nuisance value, However, noise
problems can sometimes result from the driving
elements and consideration should be given to its
possible reduction.

Bearings

Fan bearings are generally of the rolling type,
incorporating ball or roller races. Good quality
bearings do not usually give rise {0 a noise
probiem in relation to the overall fan sound level,



If roller bearings are defective due to wear or
through surface irregularities within the rolling
element, it will be apparent through an increase in
noise level, which could in turn be unacceptable.

Care should be taken to follow the manufacturer’s
mounting instructions to avoid deformation of the
rolling elements during installation. When non-
pre-set bearings are used the recommended
clearance setting between the rolling elements and
the outer race is particularly important since
bearing noise can be substantially influenced by
this factor.

Sleeve or plain journals are generally quieter than
ball or roller bearings, although normally the
difference in relation to overall fan sound level is
negligible. Sleeve bearings are generally used only
on centrifugal fans when the noise requirements
are extremely stringent, and to meet the particular
load requirements of some types of large
industrial fan.

Sleeve bearing noise level remains consistently
low, whereas rolling bearing noise level increases
with time as wear takes place and what is
acceptable initially may not be so after a few
years’ operation,

4.3 .2.V-Belts

Correctly selected, installed and maintained
V-belts do not give rise to a noise problem. V-belt
noise can, however, occur during start-up with a
high pitched squeal arising from belt slip. The
possible causes and corrective actions are as
follows:

(i) Incorrect drive selection relative to the
power 1o be transmitted and starting torque.
ACTION—Ensure V-belt drive is rated for
total performance requirement,

(ii) Drive not re-iensioned after start up.
ACTION—Check and re-tension after initial
running in period, say a few days, and
thereafter in accordance with instructions.
(ili) In the case of Star Delta type motor control,
speed changeover being at too low a speed
through incorrect timer setting.
ACTION—Re-set timer in order that the
speed changeover takes place nearer the
maximum achievable speed in Star.

(iv) A motor having an inadequate starting
torque will not provide sufficient acceler-
ation and the “‘run-up’’ time will be
extended. At changeover the speed can still
be low relative to the full running speed and
belt slip will take place when the Delia
sequence is brought into operation.
ACTION—Change motor to a higher torque
machine or fit fluid type or powder
coupling.

(v) A further area of V-belt noise results from
individual belt flap arising from the V-belts
being of dissimilar engths,

ACTION—Replace complete drive with a

“‘matched set’’ of belts.
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4.3.3.Electric Motors

4.4.

Generally the main source of motor noise arises
from the motor cooling fan and the passage of air
through the machine. Cooling fan noise can become
less predominant as the motor speed is reduced and,
of course, is completely absent in the case of the
non-ventilated motor, Other sources of noise can
arise from bearings, residual unbalance and electro-
magnetic effects (See Fig 4.1.).

Most motors use rolling type bearings and they can
contribute to the noise level on very quiet
installations. Generally, sleeve type bearings are only
used on the smallest and largest machines or where
the noise requirements are particularly stringent.
When sleeve bearings are incorporated for additional
quietness they increase the cost and, where V-belt
drives are involved, introduce bearing load
limitations.

Noise data are generally available from the motor
manufacturer and it should be noted that they are
related strictly to tests to the relevant Standard, viz.,
BS 4999 Part 51 : 1973. As in the case of fan sound
data, the actual noise generated on site can be
influenced enormously by the fan location. The data
does, however, provide the basis for prediction,
taking all relevant factors into account.

Drip proof enclosures are normally quieter than
TEFC machines. Motor manufacturers can however
supply what are termed ‘“‘reduced noise’” machines.
These motors are de-rated to a maximum of 75/80%
load within the chosen frame and a smaller cooling
fan is fitted. An overall reduction of 8 to 10 dBA in
noise rating can be achieved by this means relative to
the standard industrial motor of the same rating.

Various types of acoustic enclosure can also be
added to reduce the noise level. Relatively simple
acoustic fan covers can reduce the level of the
standard industrial machine of the same frame size
by about 5 to 7 dBA (See Fig 4.2.).

Generally, single phase industrial motors are
relatively noisy and their use should be avoided, if
possible, where lower noise levels are required.

The Installation
Clearly, to minimise the effect of fan sound, the
installation should comply with good practice.

It is particularly important to consider the siting of
the fan in relation to critical areas from a noise
viewpoint. This may seem obvious, but it is
surprising the examples that can be listed where the
largest highest speed fans are installed without due
regard 1o their effect as a noise source. The case can
be cited of a major University project where such a
fan was immediately above the Bursar’s office with
the exhaust outlet above the office window!—the
fan manufacturer was of course held responsible for
the subsequent problems.

Clearly, ‘‘distances makes the fan seem softer’’ and,
where possible, the further away the fan is from the
more critical site areas the simpler and less costly will
be the treatment to bring the sound to an acceptable
level.
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Noise Paths

From the sound viewpoint there are three aspecis to
consider:

l.  Ductborne Noise

The sound transmitted along the ducting to the
terminal points.

Using the inlet/outlet sound power spectrum as
a basis, the sound radiated from the terminals of
the ducting can be established. Il necessary, duct
attenuators can be insialled to achieve the
required sound level.

2. Airborne Noise
The sound radiated into the space around the
fan installation. When the space around the fan
is the problem area, the following must be
considered:

(i) Sound radiated from the fan casing, which
is infiuenced by the casing gauge and the
physical size of the fan,

(ii) Sound break-out from the ducting and
from flexible connections, again influenced
by the material thickness and surface area.

(iii) Sound generated by the driving motors,

(iv) The reverberation effect of the plant room,
where applicable, on the emitted sound
level.

If the resultant sound level is higher than
permissible, then one or more of the following
features may be employed to reduce it:

(i} Insulation of the fan casing.

{(i)) Insulation of the ducting and flexible
connection (taking care not to rigidly short-
circuit the flexible connections).

(iii) The fitting of a sound enclosure over the
motor,

(iv) The fitting of a sound enclosure over the
complete fan assembly.

3. Structurehorne Noise

Structureborne noise can be substantially
reduced by isolating the fan from the building
and ducting. This is achieved by installing
anti-vibration mountings under the complete
fan set and fitting flexible connections
between the fan and its ducting. Flexible
connections are usually thin flexible material
and therefore almost transparent to noise.
Higher sound insulating connections are
available, at the expense of some flexibility.
However, they must always be regarded as a
source of noise break-out.

if an accurate prediction of the sound level of
the installed fan is to be made, it is essential
that alf the factors which affect it are con-
sidered.

Some of the above mentioned features are
indicated in Fig 4.3.

Note: The positioning of the silencers
adjacent to the Plant Room Walls and
suitable lagging between Fan Discharge
and Silencer Entry, thus reducing their
direct proximity, can overcome the
possible “‘bridging’’ of the silencer.
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Fig. 4.3. An installed fan arrangement

4.6, Guaranteed Systems

In the case of industrial type fans handling
material or corrosive gases and where reliability is
of prime importance, the fitting of a vibration
transducer to the bearings for condition monitor-
ing is often recommended. Such a device will
indicate the increase in the level of vibration and
enable the plant operator to plan the necessary
action to correct the situation. This is clearly
preferable to the unexpected catastrophic break-
down which can sometimes result from either a
bearing failure or an undetected impeller failure
through excessive material build-up, resulting in
imbalance and a high increase in vibration level.
See Chapter 7.

It is important io realistically relate the specified
sound levels to the environment. Instances have
occurred where sound levels have been specified
for fan equipment which have been considerably
less than the actual plant background level.
Clearly, the cost of the installation to the client
was therefore considerably higher than necessary.

Silencing can be expensive and can be more costly
than the basic fan and motor assembly.

4.7. Airstream Devices
It is important to consider the influence on the fan
sound of the various airstream devices which can
affect the fan sound level.

4.7.1.Flexible Connections

Flexible connections are often fitted to the fan
inlet and discharge. It is essential to ensure that
they are correctly fitted, i.e., reasonably taut while
not rigid and not off-set in relation to the fan
flanges or spigots. Incorrectly fitted flexible
connections ¢an cause an increase in sound levels,
In the case of high pressure exhaust or supply
fans, flexible connections should be arranged with
a ducting sleeve arrangement to cater for the
pressures or suctions involved. Off-set connect-
ions or bends close to the fan inlet can cause
asymmetric inlet flow which can substantially
affect the sound levels.

4.7.2.Inlet Cones
Open inlet fans should be fitted with inlet cones to
ensure good inlet flow conditions and the fan
should be sited at least 0.75D (where D is the
impeller diameter) from facing adjacent walls or
enclosures if the inlet flow and thus performance
is not to be appreciably affected.



4.7.3.Dampers

Multi leaf type dampers close to the inlet can cause
substantial regenerative noise and also affect the
flow and thus the sound level, Il the fan
performance is too high in the case of, say, a
V-belt driven unit, rather than use a damper, it is
much better to correct the volume by reducing the
speed. The kW is proportionate to Speed’ and the
Lw proportionate to Speed **. Thus the sound
level can be reduced, energy saved and cost of
adjustment recovered quickly.

4.1.4.Guide Vanes
Inlet guide vanes are often fitted to centrifugal fans
to attain efficient performance variation. [t is
important to note that such devices can increase the
fan sound level. The effect on the fan will depend on
fan type and the operating point, but a 3 dB increase
can be brought about by a volume reduction of
around 25%.

4.7.5.Bearing Position
To save space, centrifugal type fans can have the
impeller mounted between bearings, with a
bearing sited in the fan inlet. Normally, however,
this arrangement, on a correctly selected fan, does
not have an appreciable effect on the sound level.

<.7.6.Motor Position

In the case of Axial Flow fans, it is usual to
Operate the fan with the motor positioned
downstream. The fan sound level is sometimes
increased with the motor in the upstream
arrangement, but any change is very much a
function of the details of the motor mounting. Fig
4.4, shows comparative test figures for a typical 9
bladed Axial with the motor in the alternative
positions.

suit velocity

Attenuation to
profile ﬁ

—={)

Attenuator Arrangement {Recommended)

Fig, 4.5, Preferred Attenuator arrangements — Centnfugal fan

OCTAVE BAND MID FREQUENCY
Motor position 125 250 500 1K 2K 4K BK Hz

72 80 82 79 79 74 70 dB
79 90 86 84 81 74 69 dB

Downstream
Upstream

Fig 4.4. Axial Flow fan Scund Power values with
alternative motor positions. Fan operating
duties similar.

4.7.7.Attenuators

The arrangement of attenuators must be
considered carefully and Fig 4.5. shows preferred
arrangements, It is important to arrange the
discharge attenuator splitter correctly in relation
to the fan outlet velocity profile in the case of a
centrifugal type. This point also applies to the
arrangement of discharge multi leaf dampers. It is
recommended that the discharge attenuator on a
centrifugal type fan incorporates a short plenum
prior to the splitters in order to assist in equalising
the velocity profile through the attenuator and
thus ensure the performance complies with design
requirements.

Where cylindrical attenuators employing a
centrebody are fitted to an axial flow fan, it is
important that the diameter of the centrebody
closely matches that of the impelier hub, especially
if fitted on the inlet side. An incorrectly matched
centrebody can cause the fan to generate more
additional noise than the attenuator absorbs.

Clearly, careful consideration must be given to the
fan inlet and discharge arrangements to ensure a
good sound performance basis.

Poor Arrangement

Wil produce
poor Inlet

flow

Attenuator Arrangement (Not Recommended)



5. SILENCING OF FAN NOISE

5.1

Sources of Noise

Noise from a fan or fan system is transmitted to a
listener along three principal transmission paths
— the air, the duct, and the structure. Although
all noise is ultimately airborne to the ear of the
listener, the term airborne noise, though strictly
inaccurate, is generally applied to noise from the
open inlet or outlet of the fan, noise radiated from
the fan casing and noise from the fan drive.
Airborne noise can create noise problems in the
immediate vicinity of a fan, e.g., in a plantroom,
or remote from a fan installation, for example in
the neighbourhood environment,

Ductborne noise, as ils name suggests, travels
along the ducting attached to the fan, and may
reach the listener either by being radiated from the
end of the duct or by breaking through the walls
of the duct. Ductborne sound may be generated
directly at the fan, but it can also include noise
generated by the flow of air over elements of the
ventilation system such as dampers, regulators,
etc. Fan air ducts, especially ducts of circular cross
section which have relatively rigid walls, are
extremely good at transmitting noise without
significant energy loss over long distances. Large
rectangular ducts of welded sheet construction
have relatively flexible walls and there is some
attenuation of low-frequency, in-duct noise¢, much
of the lost energy being radiated out through the
duct walls and potentially causing a further
problem.

In a 1-metre square duct the in-duct noise level
altenuation at 125 Hz is initially of the order of
1 dB per metre, while at 500 Hz it is less than 0.3
dB per metre. Radiussed right-angled bends can
give reductions of up to 3 dB at high frequencies
while mitred bends can give 6-8 dB at certain mid-
to-low frequencies, although, again, this is at the
expense of increased breakout noise levels.

Structure-borne noise can be the source of major
noise problems at great distances from the source,
Vibrational energy from the source is coupled
directly into the building structure normally only
if there is good physical contact between the
source and the structure. This can be prevented by
the use of appropriate antivibration mountings
and Chapter 7 discusses this aspect in some detail.

Control of airborne and ductborne noise can be
achieved by the application of a number of
techniques. The use of silencers (sometimes
referred to as attenvators or mufflers) attached
close to the fan or installed in the duct work can
reduce airborne noise from an open fan inlet or
outlet and the ductborne noise. The application of
lagging treatment can control noise from the fan
casing and noise being radiated from ductwork,
The provision of enclosures can control the
propagation of noise from motor drives and the
fan installation in general.

This chapter deals with some aspects of the design
performance and use of silencers, acoustic lagging
and enclosures.
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Duct Attenuators,

1.Basic Types
Sound attenuators may be divided into three
classifications — active, reactive, and resistive.
Active type silencers operate by positioning
loudspeakers in the vicinity of the source and
driving them with noise signals which cancel out
the source signals. They are still very much at the
development stage and are unlikely to be used in
general ventilation applications in the near future.

Reactive types of silencer consist of an expansion
chamber or chambers with interconnecting pipes.
They operate on the principle that when a sound
wave in a duct arrives at a discontinuity only part
of the sound energy is transmitted through the
discontinuity, the remainder being reflected back
towards the source. The transmission of sound is
reduced even although the discontinuities may not
absorb any sound energy.

STEEL CASE

POROUS
INFILL

I35

Fig. 5.1. Splitter Construction
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Fig. 5.2. Typical Splitter Installation

In contrast, resistive silencers, which consist of a
porous or fibrous material placed in the flow as
indicated in Figs 5.1. and 5.2, absorb energy
directly. The incident sound waves cause the air in



the pores or between the fibres to vibrate and may
also cayse the skeleton to vibrate. Energy is
absorbed due to air friction in the pores, internal
friction in the compliant skeleton and heat loss
from the compressed air to the solid skeleton.

Pl.ll'e.]y reactive silencers are not widely used in fan
applications for several reasons. They are gene-
rally highly tuned, providing substantial
attenuaiion only over a relatively narrow range of
frequencies. They are usually most effective at low
frequencies, but tend to be bulky and have high
aerodynamic pressure losses. Reactive silencers
are used in certain special circumstances, for
example, in silencing reciprocating compressors
and in sjlencing contaminated airflows where the

Fig. 5.3. Spliner Attenuator

Frig. 5.5a Cyindrical Attenuator
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contaminant would react with or block the porous
lining materials of a resistive silencer.

There are many types of resistive or dissipative
silencers, but in the forms most often encountered
consist of sections of rectangular ductwork
containing splitters of acoustically absorbent infill
(Figs 5.3. & 5.4.) or circular section units with
acoustic absorbing material on the internal walls
(Fig 5.5a.). Circular type attenuators are often
fitted with an absorbent lined pod concentric with
the duct axis (Fig 5.5b.). Other fairly common
silencer elements include lined bends (Fig 5.7.)
which provide a greater atienuation than an
equivalent straight unit with the same volume of
absorbent material (Fig 5.6.).

Fig. 5.4. Bend Splitter Attenuator

Fig. 5 5b. Cylindrical Attenuator with Centrebody
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Fig. 5.7. Attenuation from lined bends.

5.2.2.Materials and Construction of Resistive Silencers
The acoustic lining material is obviously of
paramount importance in determining the
performance of a silencer. The selection of a
material depends not only on its acoustic
performance but a number of other specific design
criteria  including flammability, mechanical
strength, resistance to erosion from high gas flow
velocities, resistance 1o contamination from
water, oil, dust, etc. The most commonly used
materials are glassfibre and mineral wools. Some
foamed glasses or metals are occasionally used.
Foamed plastic materials are, in general, to be
avoided as potential fire and smoke hazards. The
!'ibrous materials are sometimes lightly resin-
impregnated to form slabs or faced with a
lightweight open mesh scrim or cloth. Non-porous
membranes are used in cases where contaminants
are present in the air stream or where precautions
must be taken to avoid contamination of the
airflow from particulate matter in the silencer, for
example, in clean rooms or in hospital operating
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theatres. The acoustic properties of the absorbing
material can be strongly affected by such
membrane material unless it is very thin (e.g., 30
micron), in which case problems of mechanical
strength arise. To retain the non-porous memb-
rane, perforated metal sheet with about 40 per
cent per open area is often placed in front of the
lining. This perforated facing can improve the low
frequency attenuation characteristics of the
silencer. The casing of the silencer should be of a
construction at least as robust as the ducting to
which it is connected. Further information is given
in the section headed duct breakout noise.

5.2.3.Noise Attenuation Characteristics

Resistive silencers consist basically of a duct with
some acoustic lining. In a treated duct, for a given
sound pressure Jevel, the absorption of energy is
proportional to the area of lined surface, while the
amount of sound energy is proportional to the
cross-sectional area of the duct. The energy
removed will vary directly with the ratio of lined
perimeter to cross section area, indicating that
narrow ducts, which have high perimeter : area
ratios, are acoustically preferable to wide ducts
(Fig 5.6.).

For frequencies for which the duct width is greater
than a wavelength, the sound field begins to
recede from the walls as the sound energy is
removed by its interaction with the porous lining
and the energy is concentrated towards the centre
of the duct. In any silencer, the mid and high
frequency attenuation is improved by having lined
splitters or pods to reduce the passage width.
Their installation, however, increases the
aerodynamic pressure loss,

For any lining material, the low frequency
attenuation increases as the lining thickness is
increased, and for good low frequency attenuation
thick linings are necessary.

Sound energy travels down a duct as a series of
pressure waves. Some of the waves travel with
their wave fronts progressing axially along the
duct. In a rectangular duct other waves travel by
reflecting off the duct walls so that the wave {ronts
effectively zig-zag down the duct. In circular ducts
the wave fronts spiral down the duct. These
patterns are described as modes and the higher the
mode the more complex is the path of the wave
front along the duct. At high frequencies a large
number of modes can exist, while below a certain
frequency, which is a function of duct diameters,
only one mode, the plain wave mode, is present.
In a lined duct the energy in the higher order
modes is absorbed more rapidly than that in the
low orders so that, initially, attenuation may be
quite high,

As sound energy is initially absorbed there is a
redistribution of the energy towards the centre of
the passageway and the rate of attenuation with
distance decreases. Increasing the length of a
silencer will increase the attenuation; however, the
increase is not linear.

If a number of silencer units are required and their
combined performance has not beerl €Xperi-
mentally assessed an allowance must be made for



this performance shortfall. On some occasions, if
single units were installed about 10 diameters
apart the overall attenuation would be closer to
the sum of their individual attenuations.

5.2.4 Effect of Airflow

Airflow through a silencer has at least two effecis
— it can alter the attenuation from the level
measured with no airflow, while the flow of air
through the passageway can itself generate noise.
An approximate expression for the change of
attenuation with flowrate is

Attenuation with flow = no flow attenuation
X (1+M) where M is the airflow Mach
number and the + and — signs refer to noise
propagation against and with the direction
of flow respectively.

Noise generated by flow through a silencer is often
referred to as ‘regenerated noise’. It results from
turbulence generated over the face of the acoustic
lining and, where there are splitters in the airflow,
by turbulence shed from the splitter. If the air
velocity through the silencer passageways is
appreciable then noise can be generated by the
mixing of the high velocity jet flow just down-
stream of the silencer. The absolute sound levels
are broadly a function of the airflow velocity
through the silencer passageways raised to about
the sixth power. Most silencer manufacturers
publish data on the induct regenerated sound
power levels, It is essential that this information is
studied since if a silencer which is too small is used
the effect can be to increase rather than decrease
the induct sound levels,

5.2.5, Assessment of Performance—Insertion Loss and

Transmission Loss

So far the concept of silencer performance has
been used without formal definition. In terms of
standardisation two different performances may
be quoted, one being called the transmission loss
and the other the insertion loss. The transmission
loss is the difference (in dB) between the sound
power level incident on the silencer and the sound
power level transmitted out of the silencer and is
an absolute, but effectively non-measurable,
quantity. The insertion loss is the difference in
sound power level at a given location in the
ducting downstream of the silencer, due to the
insertion of the silencer in place of an equal length
of plain ducting. The actual values of insertion
loss depend on elements of ducting connected to
both ends of the silencer and can thus vary from
test rig to test rig, from installation to installation.
The British and International test Standards
effectively measure the insertion loss in a stand-
ardised form of test rig such that the measured
insertion loss should closely approximate the ideal
transmission loss. However, the actual insertion
loss of a silencer installed on site will be different
from the insertion loss established in a standard
test. The achieved silencing will be influenced by
noise reflections from bends, junctions, controls,
etc., in the ducting and also by the source of the
noise itself, It is only quite recently that the
influence of such effects has been appreciated and
a great deal of work will be required before the
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effects are fully understood and quantified. As an
example of the potential magnitude of such effects
the following table shows how the insertion loss of
one cylindrical silencer fitted with & centrebody
varied as the blade pitch of an axial fan was
altered.

MEASURED SILENCER INSERTION
LOSS—dB

Blade pitch

Frequency — Hz

setting
63 125 250 500 1000 2000 4000
Low 8 11 16 3¢ 39 35 32
Medium 8 1 16 27 2 32 29
High 8 1 16 24 23 23 24
Fig. 5.B.

Dynamic [nsertion Loss is measured using a sound
power of high level to ensure that the regenerated
noise does not influence the readings, Usually
attenuator manufacturers quote dynamic insertion
loss and regenerated noise levels separately.
However, some manufacturers quote dynamic
insertion loss data for various input fan sound
power levels which thus takes into account
regenerated noise.

5.2.6.Aerodynamic Performance—Pressure Drop

Characteristic

The installation of a silencer in an airway
generally increases the system pressure loss.
Silencers for which there is no change in duct cross
section area, i.e., cylindrical or rectangular
silencers with no pods or splitters, impose an
increased pressure loss only through an increase in
wall friction as compared with a plain duct.
Silencers with splitters and pods have generally
much larger losses. There are pressure losses
associated with the acceleration and deceleration
of flow at the inlet and outlet of the splitiers as
well as increased friction losses arising both from
an increased surface area and an increased
velocity. The loss at the splitter outlet can be
reduced by tapering the rear ends of the splitters
50 that there is a controlled diffusion. Similarly,
rounding the inlet face of the splitters will reduce
the inlet loss. (Pressure loss data for the silencing
equipment supplied, and at the specified airflow
rate, is available from the manufacturer.)

5.2.7.Installation and Location of Silencers

Silencers are used to control ductborne noise.
Ductborne noise need not only come directly from
the fan but may include noise generated by the
flow of air across o1 through elements such as
bends, control dampers or even silencers
themselves, and noise entering the sysiem through
the walls of the ducting. Care must be taken
therefore to ensure that noise is not ‘short-
circuited’ across a silencer.
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When silencers are close-coupled to a fan it is
worth noting the points made in Fig 4.5. for a
centrifugal fan. It is important that the airflow
into a fan is as smooth and evenly distributed as
possible. Particularly with axial fans, some
caution should be exercised when close coupling a
podded inlet silencer,

Control of Breakout Noise—Lagging

Most ducts are made of relatively lightweight
metal and, if high sound pressure levels have been
generated by the fan, appreciable sound energy
can be radiated through the duct walls. In
addition, highly turbulent flows, which may be
generated downstream of a bend or obstruction,
can induce a drumming noise from the duct wall.
The following equation may be used to estimate
the radiated sound power level Lwrag® resulting
from the breakout of noise from a length L of
duct of perimeter P and cross section area S with a
transmission loss* TL, provided the transmission
loss is greater than about 10 dB.

-LP
S x (10TL/10)

dB re 10°W.

Lwgad=Lwin 10 log 1o | - exp

Lwip is the sound power level of the ductborne noise
entering the section.

As an approximation the transmission loss of a
simple wall is a function of its mass per unit area and
frequency, with the relationship having become
enshrined in what has become known as the ‘mass
law® or, more properly, the ‘limp-wall mass law’.
For a limp wall the random incidence loss increases
by about 5 dB per doubling of surface mass or per
doubling of frequency.

For ducting of rectangular cross section the ‘mass
law’ transmission loss can be used in the above
equation with reasonable accuracy.

For straight lengths of circular ducting the low
frequency transmission loss can be considerably
greater than the mass law would predict, even for
lightweight flexible ducting,.

Lagging ductwork will reduce the level of
breakout noise, but it should be noted that all the
exposed ducting must be treated. The fitting of an
attenuator is probably a more cost-effective
approach. Typically, lagging would consist of a
layer of glassfibre or equivalent porous material of
the order of 50-100 mm thick covered by a limp
impermeable membrane, such as neoprene or
leaded vinyl sheet, with a surface mass of around
2.5 kg/m°. This treatment would give an
additional wall transmission loss of around 12 dB
at 250 Hz and 36 dB at 1000 Hz. It may be noted
that this construction provides an improvement in
transmission loss greater than that which would be
predicted by the mass law for the addition of the
extra mass. Glassfibre matting or a similar type of
thermal lagging used on its own without a heavy
wrapping will not give any appreciable increase in
transmission loss, while the use of heavier ducting
or the application of proprietary damping
compound will produce improvemenis only in line
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with the mass law — requiring substantial
increases in mass to achieve significant noise
reduction.

Enclosures

An acoustic enclosure is essentially a box placed
around a noisy machine, The noise radiated from
the machine is attenuated in its transmission
through the walls of the enclosure. Enclosures can
vary in construction from being built of brick,
through a whole range of proprietary panels to
simple wooden frameworks with plywood panels
on one side and limp sheets on the other with
acoustic infill between. Enclosing the unit will
result in high sound pressure levels being built up
within the enclosure and some sound absorbent
lining treatment may be necessary if access were
required while the machine was operating. If the
enclosure does not fully surround the noise
source, its acoustic performance is very severely
downgraded. By way of example, an opening of
one per cent of total area in an enclosure with
walls giving a 30 dB transmission loss would
reduce the effective transmission loss to 20 dB.

An important coasideration when fitting an
enclosure is the provision of adequate ventilation
for cooling air to the electric motor and drive.
Often this may require the addition of cooling
fans which, in turn, require to be silenced.

*Foatnote — In this context, the transmission loss is the difference in dB

between the sound intensity incident on to a section of duct
wall and the sound intensity radiated away from that
section, i.e., it is the loss of energy across the duct walls,



6. FAN VIBRATION

6.1. Importance of Balance

In common with all machinery, rotating or
reciprocating, a fan will vibrate to some degree
when it is in operation. The vibration may be due
to one or more causes, particularly when it is
installed in a system. It may arise from the fan
itself; excessive turbulence in the airstream,
especially ahead of the fan; unsuitable or
incorrectly installed anti-vibration mountings;
structureborne vibrations or the fan operating
against excessive resistance to airflow. If a fan is
judged to have an unacceptable vibration level it
must first be established that the fan is correctly
installed. This could mean that the fan is bolted to
a solid floor or is installed on spring mounts with
flexible connections to its associated duct work.

Having ascertained that the source of excessive
vibration is the fan, the cause must be identified.
Drive systems, belts and bearings, and all fixings
must first be checked before it can be assumed
that the fan is out of balance. Even then it has to
be established that all rotating assemblies are
operating well below their critical speeds.

Out-of-balance is the commonest and most
important source of vibration in fans, The
resulting vibration occurs at the rotational
frequency of the fan. It may be acceptable or
excessive as judged by the relevant standard
BS 4675. Other sources of vibration, such as air
turbulence, do arise in fans but are not generally
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Excessive vibration will have a detrimental effect
on the trouble free operation of the fan. Bearing
life will be shortened particularly if the fanis on a
solid mount. Fixings may gradually loosen and
eventually result in a catastrophic failure and
unacceptable fluctuating loads will be transmitted
to the supporting structure.

It is thus important to ensure that the fan is
balanced correctly for the class of machine, its
speed of rotation and application.

Static and Dynamic Unbalance

Two forms of balance defect can be detected:
static unbalance and dynamic or couple
unbalance.

Static unbalance simply means that the rotor has a
heavy side which can be exactly counterbalanced
by a suitable mass placed on the opposite side at
the same axial position along the rotor.

Though a rotor may be in perfect static balance it
can still produce a vibration at its bearings due to
a nodding motion. For instance, in an elongated
rotor a different static balance condition, at either
end, will result in a significant residual couple
unbalance, this couple unbalance being the cause
of the nodding motion.

Fig 6.1. is a diagrammatic illustration of the two
types of unbalance indicating where counier-
balance weights may be needed. If trim balancing
is required on site, a successful result can often be
achieved by placing balance weights in one plane
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only, in other words, static balancing. Usually the
balance weights are added as extra washers under
a nut or screw in the balancing plane.

Portable balancing equipment is available from a
number of manufacturers, making on-site balanc-
ing a straightforward operation. Nonetheless, it is
advisable 1o call in a specialist balancer, or the
manufacturer, if as a result of verifying the points
outlined in Section 6.1, it has been established that
fan balance is causing the unwanted vibration.

If, for any reason, it becomes necessary to change
the whole, or part, of the fan’s rotating assembly,
or its bearings, it is advisable to re-check the fan
vibrglion level before putting the fan back into
service.

Principles of Measurement

Fan unbalance manifests itself as a periodic
vibration characterised by a sine wave — the so-
called simple harmonic motion. With suitable
instrumentation, there are three properties of the
fan vibration which can be direcily measured:
displacement, velocity and acceleration. The
measurement of each of these three properties has
its purpose.

Displacement; this is often measured to quantify a
subjective assessment of vibration level. It is
important when considering the maintenance of
running clearances.

Velocity; agreed as the best general measure of
vibration level and used by ISO for classifying
vibration severity levels for different types of
machine. For a given class of machines a single
vibration velocity figure can be specified over a

wide range of speeds, resulting in satisfaclory
service.

Acceleration: the measure which gives rise to
forces and stresses within a machine, and between
a machine and its foundation.

Relationship between Vibration Properties

The symbols below are used to explain the
relationship between displacement, velocity and
acceleration, for a periodic vibration characterised
by a sine wave:

x Instantaneous displacement

X Maximum displacement from struciure equi-
librium peak

t Time

v Velocity

a Acceleration

w Angular frequency (2 n f)

f Vibration frequency

Displacement
X =Xpeak Sin (wt)

Velocity
vV =w xpeak Sin (wt+a /2)

Acceleration
a  =w'Xpeak Sin (wt+m)
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6.5.

6.6.

6.7.

6.8.

These equations show that the properties all
behave as a sine wave and that the velocity is
advanced in time by one quarter cycle and the
acceleration by one half cycle in relation to the
displacement.

Units of Measurement

Displacement: measured in micro-metres with the
symbol um (i.e. m x 10°), The peak value is
normally quoted.

Velocity: measured in millimetres/sec or mm/s;
both the PEAK and RMS (root mean square)
values are used. However, the RMS value is a
better descriptive guantity owing to its relation-
ship to the energy content of vibrations.

Acceleration: measured in metres per sec per sec
or m/s?, but often normalised by expressing the
results in relation to a different reference level.
Often acceleration is referred to in wunits of
standard gravity, 9.81m/s>. Sometimes the decibel
scale, referred to 10® m/s?, is used:

20 log)q 16%1 where ‘a’ is in m/s*. Fig 6. 3. shows

acceleration plotted against velocity and speed of
rotation.

Conditions of Measurement

The machine support may have a significant effect
on the vibration levels recorded on a machine
under test. [t is important therefore that when a
vibration level is specified the machine mounting
is also described.

To take an obvious example, if a machine is ‘solid’
mounted, the vibration level recorded will be
considerably less than if the same machine were
mounted on high deflection spring mounts.

When a vibration specification is related to a
rigidly mounted machine it should be appreciated
by the user that all the out-of-balance forces are
entirely reacted at the bearings. For comparable
service life, a rigidly mounted machine would
require a lower vibration level than the same
machine soft mounted.

Generally speaking, the operating conditions of
the fan under test, for example temperature, speed
and load, are not specified. Under these
circumstances the fan is usually tested with no air
resistance and at full speed only. However, there
are many special purpose fans where the operating
conditions are laid down in the vibration
specification. This can be very important where
variable speed machines are involved.

Standards

There are two British Standards, both having an
ISO equivalent, which relate to fans. One is
concerned with the balance quality of rotating
components and the second, vibration standards
of complete machines.

Component Balancing

The relevant British Standard is: BS 5265 : Part 1 :
1979 : Mechanical Balancing of Rotating Bodies:
Part 1. Recommendations on Balance Quality of
Rotating Rigid Bodies. ISO 1940-1973.
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6.9,

BS 5265 sets out a range of balance quality grades
for rotors for different types of machine, each
main grade being separated from the next by a
factor of 2.5. The grade recommended for fan
rotors is G 6.3 or a PEAK vibration velocity of
6.3mm/s.

For uses which are less or more sensitive to
balance than the general purpose application,
vibration levels which are above or below the
6.3mm/s PEAK vibration velocity may be
specified.

Fig 6.2. shows the relationship between the
balance quality grades relevant to fan rotors, the
residual unbalance in terms of centre of gravity
displacement and speed of rotation.

[t should be noted that an assembled, but
otherwise rigid, rotor made up from two or more
components, for example a fan impeller and the
rotor of an electric motor, may have a balance
quality substantially different from G 6.3 even if
all components have been separately balanced to
G 6.3. This can arise in two principal ways:

(i) misalignment and lack of concentricity
between rotor components.

(ii) different degrees and phases of residual
unbalance in the rotor components.

Machine Vibration

The relevant British Standard is: BS 4675 : Part | :
1976 : Mechanical Vibration in Rotaling and
Reciprocating Machinery: Part 1. Basis for
specifying Evaluation Standards for Rotating
Machines with Qperating Speeds from 10 to 200
Revolutions per Second. (ISO 2372)

BS 4675 is concerned with complete machines and
proposes rules for the evaluation of the vibration
of ‘normal’ machines in relation to safety,
reliability and human perception.

Table 6.1. is an extract from Annex A of BS 4675
and shows examples of quality judgemeni for
different classes of machines and vibration
severity ranges. It should be noted that ‘vibration
severity’ is defined as the maximum RMS value of
vibration velocity measured at significant points
of a machine, such as a bearing or mounting
point.

For general purpose fans and in the absence of any
specific requirement on vibration level, it is
recommended that a vibration severity of 4,5mm/s
is not exceeded on a new fan. For special purpose
fans or in sensitive application a vibration severity
no greater than 2.8mm/s is suggested.

In service, the vibration level of a fan will usually
deteriorate as bearings wear and uneven deposits
build up on rotating parts. This process should not
be allowed to go too far, however, as a cala-
strophic and expensive failure could ensue, If the
vibration level reaches more than 60% above that
when the fan was commissioned, the fan should be
shut down as soon as possible and the cause
determined.
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6.10.

Table

Positions and Modes of Yibralion Measurement

Readings of vibration on a machine which is
supported on anti-vibration mountings should be
taken immediately adjacent to the mounts, on the
fan side. If the machine is solid mounted, readings
should be taken as close as possible to the
bearings. In order to check for couple unbalance a
vibration reading must be taken at both ends of
the fan, whether it is soft or solid mounted. In no
case should the reading exceed the specified level.

For most fans it is sufficient to achieve the
specified vibration severity when measurements
are taken at right angles to the shaft axis and in the
direction of least mounting stiffness. In other
words, in the vertical direction on a horizontally,
soft mounted machine. On a solid mounted
machine it is advisable to check the vibration in
the vertical and horizontal direction.

As there are rarely any significant unsteady forces
in the fore and aft direction, it is only in
exceptional circumstances that the vibration
parallel to the shaft axis need be menitored. For
the vast majority of fans this mode of vibration
can be safely ignored.

6.1.

Vibration Severity Ranges and Examples of their
Application to Small (Class 1) Medium (Class If) and
Large Machines (Class 111)

Ranges of Vibration Examples of Quality Judgement
Severity:Vimm/s RMS for Separate Classes of Machine
Range | Range Limits Class | Class 1] Class 1L
0.45

0.45
0.71
0.71 A
1.12
1.12 A
i.8
1.8 A
2.8
2.8 B
4.5
4.5 C B
7.1
7.1 D C
11.2
11.2 D
D

At present experience suggests that the following
classes are appropriate for most applications.



Class I: Individual parts of engines and machines,
integrally connected with the complete machine in
its normal operating condition (Production
electrical motors of up to 15kW are typical
examples of machines in this category).

Class II: Medium-sized machines (typically
electrical motors with 15 to 75k W output) without
special foundations, rigidly mounted engines or
machines (up to 300kW) on special foundations.

Class Ill: Large prime movers and other large
machines with rotating masses mounted on
foundations which are relatively soft in the
direction of vibration measurement (for example,
turbo-generator sets, especially those with light-
weight substructures),
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7. VIBRATION ISOLATION

7.1,

7.2,

Why Vibration Isolation

In its broadest sense vibration isolation infers the
provision of a break in the flow of vibrational
energy from one point to another. The practical
meaning of this statement is that the sources of
vibration, usually an out-of-balance rotating
assembly, are isolated from the structure to which
the machine containing the out-of-balance rotor is
attached.

Apart from the basic function outlined above,
vibration isolation serves to protect the structure
or building from the effects of vibrating equip-
ment and, at the same time, reduces re-radiation
of vibrational energy causing unnecessarily high
room sound pressure levels,

Fundamentals

The vibration break referred to above usually
takes the form of a spring, rubber or neoprene.
The material of the spring, however, is chosen for
its particular characteristics and to suit the
application.

Considering the case of a fan mounted on springs,
if one pushes the fan up and down at low
frequency, movement of the fan and therefore
deflection of the isolator is resisted by the stiffness
of the isolator/spring. Thus, if the spring stiff-
ness, usually given in kg/mm, is k and the
deflection of the mount is § mm then the force
F¢required to deflect the isolator is:

Fg = &k
The above relationship is dominant at low
frequencies. At higher frequencies, inertia of the
fan starts to influence the resistance to movement
and at very high frequencies inertia is pre-
dominant. In this case the relationship between
inertia and amplitude of movement is:

Fi i —_l_w_ (2n )%6

g
where Iw is the weight of the fan and f is the
frequency of vibration.

The inertia force acts in the opposite direction to
the spring force and this is the reason for the
negative sign.

[t can be seen that the inertia force increases
rapidly with frequency whereas the spring force is
independent of frequency. Obviously, at some
frequency, the two restraining forces will cancel
out. This frequency is cailed the natural frequency
and, in theory, zero force is required to produce
very large movements. In practice the movements
would be restricted by some form of damping.

Combining the two equations above results in the
following expression for the natural frequency fy
in Hz:

It should be noted that the natural frequency
depends solely upon the static deflection of the
spring resulting from the weight of the fan. In the
above relationship é_ is measured in mm and the
equation is shown graphically on Fig 7.1.
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50 ! [ 4000 2 vibration |sqlat|on system is mﬂpenced by three
i ! | | | 300 E factors: the stiffness of the isolation system, the
< RN T ] (2000 § inertia of the equipment being supported and the
F20 T - i -t 00 $ damping inherent in the isolators. The first two
§m Pl 1 30_09002. factors have already been discussed. The third,
g, il ] 500;38 > dan;pin:tg, has two beneficial effecis but one on the
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2 T | | | ] 200 2 (a) the effect of resonance is reduced;
2 ™ — ! » N oo S {b) movement of the suspended system is
S il | ™ 2 reduced at all frequencies, and
i 2.3 571 2 35 10 20 305070100 Z (c) the transmitied force is increased.
Static Deflection mm The diagram below shows the effect of a damped
and an undamped system on a free vibration. In
Fig. 7.1. Effect of static deflection on natural frequency {a) the vibration of the undamped system will,

under ideal conditions, continue unabated as no
energy is being taken out of the vibrating system.
- . . In (b) damping is present, energy is being
The 51.gmflca.ncc olf the natural frequenc'y is that if progressively removed from the system and the
a fan is running with an out-of-balance impeller at T I e [ ]
a speed which coincides with the natural frequency toratt P g y '
then very large movements would occur. The
movement would only be limited by damping or

something breaking, the condition being known as

Decay of vibration amplituda
resonance,.

7.3. Transmission & Isolation
The effectiveness of a vibration isolation system is

usually expressed in terms of isolation efficiency Displacement Displacement

or transmissibility. Often, these two terms are Time

expressed as a percentage.

The degree or efficiency of the isolation is related ial Undamped {b} Damped

to the proportion of the disturbing force which is _ ’

transmitted, in other words the Transmissibility. Fig. 7.2. Free Vibration and Damping

Transmissibility T = EL ) o N
F, If the amount of damping present is just sufficient

for the isolated mass to return to its mean position
in minimum time then the system is said to possess

where Fy is the transmitted force and “‘dead beal” or ‘‘critical’’ damping. The ratio of
Fg the disturbing force. actual damping present to that for critical damp-
Correspondingly, Isolation Efficiency is: ing is referred Lo as the damping ratio or D.
Fo -F = I.T For systems where little or no damping is present,
== F, transmissibility becomes:
Transmissibility is the more practical term to use To= 1 e o D 2)
as it indicates directly the proportion of the —
disturbing forced fed into the supporting (N> -1
structure,. (fr)

where f is the frequency of the disturbing force.
Table 7.1. below serves to illustrate the poini. g Y

Where damping ‘D’ is preseni:

(1-1T)% T% Fg (kg) F (ke) ; 1+4D" :; {; Vs
— = __rl_
0 100 100 100 1 = (FPN 44D (F ) ... . cn--- (3)
70 30 100 30 (fn) (f)
gg 20 100 20

10 100 10 . . , oin
99 1 100 1 In practice, damping ratios for most fan £

systems are very small and can, for practical purposes,
be ignored. Typical values are:

—

An Isolation Efficiency {1-T} of 90% is good and

an efficiency of 99% may not seem worthwhile Isolating Material D

going for until it is realised that the transmitted Natural Rubber 70 Shore .04
force Fy has reduced by a factor of no less than 10. Natural Rubber 40 Shore .02
This can be seen in the last two lines of the table. Steel Springs .005
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Force Tranmissibility, T.

The effect of various degrees of damping is
illustrated in Fig 7.3.

As well as showing the effects of damping Fig 7.3.
indicates that no isolation can occur until the
disturbing frequency is greater than 2 x the natural
frequency.
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A closer look at Fig 7.3. will show that practical
Transmissibilities, 30% or less, and therefore
Isolation Efficiencies of 70% or more, are not
achieved until the frequency ratio is greater than 2.

50% Critical Damping™ ~+| .

20% Critical Damping A
1
01 i o
Zero Damping —1— |
0!
0 0.5 1.0 15 2.0 25 30

F_or_cir_\g_ Frequency
Ratia: Natural Frequency

Fig _ 74 Effect of Damping on Amplitude of Motion
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As indicated earlier, damping also reduces the
amplitude of motion of the suspended system. This
is shown in Fig 7.4. where the relation:

SR 1 Ve
do (l Z=(f )z)z +4D? (f )

(fn) (fn)
is shown against f/fn for various values of the
damping ratio, é is the dynamic amplitude, whilst
‘50 is, as before, the static deflection.

In the region of interest, namely £/fp>2, it will be
seen that increased damping reduces the operating
amplitude. {n contrast, the reverse effect on
transmissibility occurs where increased damping
has a detrimental effect.

The figure also shows that practical levels of
damping have a negligible effect on the operating
amplitude at the commonly used frequency ratios.

Sources of Vibration

Fans fall into the general classification of rotating
machinery. As discussed in Chapter 6, the most
significant source of vibration, and usually the one
requiring to be isolated from the structure, is out-
of-balance of the rotor. The frequency of this
vibration will usually be the fan RPM/60 Hz.
Higher ‘harmonics’ also appear. In other words, a
significant vibration level can be measured at 2 or 3
times the fan rotational frequency.

Though a fan is carefully balanced by the manu-
facturer, the quality of balance, and therefore
degree of vibration, can deteriorate in service due to
a number of causes: slackness in bearings can
develop due to wear, blades can wear unevenly
from erosion and deposits can build unsymme-
trically on the blades because of local ‘throwing
off” of deposited material,

In addition to the foregoing aspects, a bad
‘aerodynamic’ installation can cause unwanted
vibration. Whilst this aspect is dealt with in detail
in the HEVAC Fan Application Guide, it is
important to note here that a disturbed inlet flow
or an excessive system pressure requirement will
result in undesirable vibration amplitudes in the.
direction of the shaft axis. This is particularly so
in axial flow machines. If this form of vibration is
evident, then the installation must be examined
and the cause eliminated. There should generally
be no need to provide vibration isolation in the
direction of the shaft axis.

Where a fan is mounted with its shaft axis vertical,
then the vibration to be isolated will be at right
angles to the mount load bearing direction and the
isolator selection must take this into account.

Higher frequency vibrations or ‘noise’ can be of
magnetic origin and will be satisfactorily isolated
from the fan supporting structure provided care
has been taken of the fan vibrations at rotational
speed,

Magnetic noise radiated by the fan structure,
whilst always of motor origin, can be the result of
incorrect motor assembly or the waveform
characteristic of the electrical supply. In either
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7.6. lsolator Types & Construction

A number of different types of isolator are used
with fan equipment and, though application areas
overlap, each type has itls own general purpose.

The simplest type of isolator is the so-called mat
or pad. Usually made from cork or synthetic
rubber, a typical deflection would be about Smm.
Though used as part of an isolating system, these
materials are not generally used on their own to

isolate fan equipment from the supporting
structure.

The most commonly used isolator is the rubber-in-
shear/compression type, Attachment is both to
the fan and the supporting structure and a typical
maximum deflection is 15mm.

To form the mount Neoprene or rubber is bonded
10 suitably shaped metal surfaces in which
provision is made for the fixings. Popular designs
are shown in Fig. 7.5. The application of these
designs would be for fan equipment supported
from below. In many cases, particularly with axial
flow fans, the fan is suspended/hung from above.
For this type of installation special arrangements,
often incorporating a ‘standard’ type of mount,
are available. Typical examples are shown in Fig.
7.6. Inboth cases, a standard mounting foot and a
standard anti-vibration mount can be used.

Hole for clients
hanger rod

Mount tapbed for
clients drop rod

F!e_cornmended method of
fixing for fan suspended
from the mounting surface

Rubber or neoprene in shear
suspended mounting

Ficy, 7.6.
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Where larger deflections, or small Transmiss-
ibilities at low frequencies are required a steel
spring mount is necessary. These are available for
deflections up to about 175mm. Because of the
high deflection capability, these mounts are
usually provided with a levelling bolt, to allow for
variations in the calculated loading for each
mount. Another feature normally provided with a
spring mount is a ribbed Neoprene or rubber pad
of low deflection. This is to prevent
vibralion/noise at acoustic frequencies, which
travels down the spring, passing into the supporlt
structure.

Steel spring mounts incorporating the above
features are shown in Fig 7.7. As with the rubber-
in-shear mounts, they can be used in suspended
arrangements, examples being shown in Fig 7.8.

Top plate and
rubber or neoprene

Set screw for
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adjusting damping

2

Fixing holes

Rubber or neoprene pad

at base of spring to eliminate
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through spring steel

Steel Spring Mounts

Fig. 7.7
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7.7,

Isolator Selection

The preceding sections have dealt with the reasons
for the need to provide vibration isolation, the
theory of isolation, isolator types and their
principal characteristics. It now remains (o SEI_ECl
and install the optimum isolator, or isolating
system, for the equipment in its operating
environment.



Before selecting the isolator an acceptable
transmissibility has to be determined. Due account
must be taken of the size of fan, its operating
speed, supporting structure and location: for
example, is it installed in the basement of a
building or in a roof-top plant room.

Guide lines have been determined for recom-
mended transmissibilities for various types of fans
and these are shown in Table 7.2.

Table 7.2.

Sensit_ive L7 Less Sensitive Yo

Locations Trans- Locations Trans-
missibility missibility

Centrif.

Fans 2 ki 10

>20kW

Axial Fans

>40kW 4 " 20

Centrif,

Fans 4 1o 4 . 20

20kW

Axial Fans

7.5. to 40kW 6 " 25

Centrif.

Fansup to 6 " 30

kW

Axial Fans 10 " 30

up to 7.5k'W

Forcing Frequency Hz

Fig.

Using the appropriate relationships already
Fslablished, the connections between transmiss-
ibility, forcing frequency, natural frequency and
static deflection can be illustrated graphically as
shown in Fig 7.9. For example: a 15kW centri-
fugal fan, running at 1170 RPM and located at
basement level should have a transmissibility of
20%. The static deflection of the desired isolators,
from the Fig 7.9., should therefore be a minimum
of 3mm. If the same fan were mounted in a critical
location the desired deflection would be 14mm —
considerably greater.

Matural Frequency Hz
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In those instances, and they are more and more
common, where the fan is mounted other than in
the basement or on the ground floor of a building
or other structure, the support for the fan can be
far from rigid. Nowadays, structural engineers
recommend that the maximum deflection due to
the load at the centre of a span must not exceed
1/250 of the distance between supports. On the
other hand, a safety factor in the region of 5 is
also incorporated into many structural designs,
Combining these two factors together with the
equation relating static deflection and natural
frequency leads to a further table: — 7.3.

Table 7.3.

Allowable Likely Minimum Minimum
Span Deflection Deflection Likely £, Likely f

m mm mm Hz cpm
3 12 2.4 10.0 600
5 20 4.0 8.0 480

10 40 8.0 5.5 330

12 48 9.6 5.0 300

15 60 12.0 4.5 270

As a direct result of supporting structures
becoming more flexible, the situation has arisen
where it is possible for the fan, particularly if it is
large and slow running, to be in resonance with
the floor system. In this circumstance a very small
out-of-balance force will result in an unacceptably
large foor movement,

The above natural frequencies are quoted as
minima as they refer to the span being loaded at
the centre. If the equipment is not located
centrally then the natural frequency would be
higher. However, the point must be appreciated
that the structure on which the fan is mounted is
often not strictly rigid. It has a design deflection
and associated natural frequency with the
specified loading.

To illustrate how easy it is to select the wrong
mount for the application, consider a 15kW fan
running at 1200 RPM and mounted centrally on a
floor of 5m span. The fan is located in a non-
sensitive area and from Table 7.2. a transmiss-
ibility of 20% is appropriate. If reference is now
made to Fig. 7.3. it will be readily seen that for an
isolator with 5% damping a frequency ratio of 2.5
is required to give the desired transmissibility. In
other words, the isolator natural frequency should
be:

1200  _ gH;
60 x 2.5

But this is just the same as the natural frequency
of the supporting floor. Although the dynamics of
the total system would affect the final result, some
20% of the rotational out-of-balance force could
be fed into the fan support structure, at its
resonant frequency, causing a movement many
times that originally intended. To avoid this kind
of situation occurring, where resilient structures
are used, the deflection employed is usually such



that the natural frequency of the isolator is less
than half that of the supporting structure. In other
words, the isolator has a deflection of 4 to 5 times
that of the loaded floor.

Where fans are located in buildings, the trend is
therefore developing such that suitable isolator
deflections are recommended rather than specific
transmissibilities. Some guidelines are given in

Table 7.4.

Table 7.4.

Guideline Deflections to Avoid Resonances

Equipment Minimum Static Deflection mm
(Mid Span Location) Base Above Ground Floor Span
ment  6m 9m 1Zm  15m
Axial Fans (Floor Mounted)
Up to 4kW 6 25 25 25 25
510 15%W, up to 500 RPM 12 40 50 50 60
above 500 RPM 12 25 25 40 %0
Over 17.5kW, up to 500 RPM it} 50 60 7 90
above 500 RPM 12 25 30 40 50
Centrilugal Fans (Floor Mounted)
Low Pressure (up to .75 kPa)
Up to 4w 6 AL] 2S5 2b] 25
Over 10 5.5kW, upto SO0 RPM | 12 40 50 50 60
above 500 RPM | 12 25 25 40 30
High Pressure {over .75 kPa)
Up to 15kW, 175-300 RPM 9 60 60 90 120
301-500 RPM 12 50 50 60 50
above 500 RPM 9 30 30 50 60
Over 17.5kW, 175-300 RPM 40 60 90 120 140
301-500 RPM 23 30 60 9 120
above 500 RPM 12 30 50 60 90

Referring to the last example, Table 7.4, would
suggest a static deflection of 30mm. Using Fig 7.1.
it will be seen that the natural frequency of the
isolator is 2.9Hz or 0.36 that of the floor which
was 8Hz. The 30mm deflection would thus avoid
any unexpected resonances.

To summarize:

1. If the fan is to be mounted in a building
where the support structure is not strictly
rigid then the relevant deflection should be
selected from Table 7.4. and an isolator with
the appropriate load capacity chosen.

2. Whilst observing the above will generally
avoid vibration problems there are a great
many cases where the cost of providing the
deflections shown in Table 7.4, is unnec-
essary. There are numerous fans, particul-
arly direct drive both centrifugal and axial,
where simple low deflection ‘rubber’
mounts, possessing a significant degree of
damping, are quite satisfactory. Where the
rotor weight is small and the standard of
balance good the out-of-halance forces are
low and the isolators serve to remove
bearing, air turbulence and magnetic
frequencies. Selection of simple ‘rubber’
mounts is usually based on load capacity
only, and no account is taken of the fan
operating speed. The result is that many
fans, in respect of isolation of the rotational
speed, are operating in the region where
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7.8.

some amplification of movement could take
place. Nonetheless, and for the reasons
stated, this rarely causes a problem and the
higher frequencies are successfully isolated.

Installation

7.8.1.Having selected what appears to be the correct

mount for the application, a number of other
important aspects must be considered, and
possibly acted upon, before a successful instal-
lation can be expected.

(i) Are the mounting points evenly loaded.

(i) Is the fan stable on its mountings under
service conditions and will it remain on its
mountings under the influence of aerodyn-
amic and torque reaction forces on start-up.

(iiiy Is the mount selection appropriate if the fan
shaft is vertical,

(iv) Are the isolators being ‘bridged’ by duct or

service connections.

7.8.2.For catalogue selection purposes and installation

Long Casing

the simplesi approach is to have four equally
loaded mounts. The fan installation will then be
level and no muddles can occur on site due to the
wrong mounts being put in the wrong place.

This approach can be readily achieved, within
practical limits, on many direct drive fans. On
some fans, for example, indirect drive units where
the motor is mounted to the side of the fan, the
support structure can be designed to even out the
mount loads. Some sketches to illustrate these
poinis are shown below,

Medium Casing Short Casing

Auxial Fan

Fig. 7.10.

Fig. 7.1%.

Centrifugal Fan



It is important that the static deflection of each
mount is almost the same. I this is not the case, a
rocking motion of the machine could be set up
with a frequency which is higher than that of the
simple vertical mode.

7.8.3.From the vibration point of view, the vast

majority of fans can be satisfactorily installed
using simple mounting feet or a suitable base
frame. Medium and low pressure direct drive fans
and some belt drive axials fall into this category.
However, a base frame is often needed for the
medium pressure indirect drive centrifugals and
the more powerful axials.

As shown in Fig 7.12 and 7.13 a steel base frame
can be used to spread the mounting points to give
even loading. It can also be used to lower the
centre of gravity of the equipment. This latter
feature is useful in terms of increasing the stability
of high pressure centrifugal fans where the ‘top
horizontal’ discharge configuration is used. Fig
7.12 illustrates the points,

Base Frame Design to improve
stahility

Fig. 7.12.

Fig . 7.13. Base Frame

In certain circumstances it is necessary to mount
the fan equipment on a ‘concrete inertia base’.
Whilst there are good reasons for resorting to this
type of installation it does have the disadvantage
that the fan equipment cannot be completely
factory assembled and tested as the concrete for
the inertia base is normally poured on site. A
typical inertia base is shown in Fig 7.14.
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Fig, 7.14, inertia Base

On occasions it will be necessary to have a very
low level of transmissibility. If the fan is mounted
on a suspended floor and/or it is running at a low
speed then stability can prove a problem. If space,
or some other reason, precludes the use of an
appropriately designed base frame, then an inertia
base can be used. The inertia base would be
designed to lower the centre of gravity of the fan
equipment and incorporate isolator mounting
points to give even loading. As a rough guide, the
inertia base should be about three times as heavy
as the fan equipment to which it is attached.

There are numerous advantages which accrue
from the use of an inertia base. The more
important ones are listed below:

(iy Equipment stability is enhanced on two
counts — movements due to both torque and
pressure reaction are reduced.

(ii} Vibration amplitude is reduced.

(iii) Errors in the location of the centre of gravity
and the consequent isolator height variations
minimised.

{iv) Noise radiated below the fan is reduced.

{v) Coupling between period forces, which may
arise from aerodynamic sources, rotor out of

balance or uneven isolator loading is
reduced,

7.8.4.When a fan is mounted with its shaft axis vertical

the most important vibratory force, rotor out of
balance, is in the horizontal plane and not, as is
more usual, in the vertical plane. It then becomes
important to select a mount which has a lateral
stiffness, and therefore natural frequency, lower
than these properties in the vertical direction. If
this is adhered to then the normal isclator
selection procedure should give a satisfactory
result provided the mount has equal lateral
stiffness in all directions.

Whilst most types of mount have a lateral
stiffness, which is less than the vertical stiffness,
the amount of movement in the lateral plane is
usually restricted for stability reasons. There are,
however, isolator designs with the desired
characteristics which, typically, are illustrated in
Fig 7.15.



GENERAL NOTES

Mountings designed with
approximately 3-6 inches of
static deflection. Springs also
have provision for carrying
fan thrust.

Acoustical pads designed
for maximum 50 P.S.1.

Mounting is completely
weather proofed by hot
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Fig. 7.15. Vibration Isolators with Restricted Lateral Movement

In order to avoid coupling of the out-of-balance
forces and a potential pitching motion, if the line
of action of the horizontal exciling forces is well
away from the support plane, it is usual to mount
the fan in two planes. If this is not possible then
the effect of any pitching can be minimised by

'fSpreading’ the mounting points away from the
an.

downstream or both, and an electrical supply has

to be connected.

Where required, ductwork must be joined to the
fan via a flexible connector. This connector must
be fiexible enough to avoid adding any stiffness to
the system and therefore transmitting vibration

into the ductwork.

dipped galvanising all stee!
except springs

Springs are cadmium plated

Dimensions shown are
approximate

Unitised frame

Neoprene snubbing pad
to minimise rise at

Bracket for attachment
10 unitised frame

Top of support steel

Electrical conduit should also be provided wit_h a
vibration break or joined to the fan with suf_ ficient
flexibility to avoid transmission of vibration or

7.8_5.Though perhaps surprising, one of the most
common faults in a supposedly isolated system is
mechanical ‘bridging’. Most fan installations have
to be joined to ductwork, either upstream or

Duct

Fig . 7.16. #lexible Connector

noise.

An example of how the former feature can be
provided is given in Fig 7.16.
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8. SITE PROBLEMS
INSTRUMENTATION &
MEASUREMENT
8.1. Sound Level Meter
The basic sound level meter consists essentially of
a microphone to convert sound into an electrical
§ignal; an amplifier to boost that signal; a weight-
ing network to adjust the gain of the amplifier so
that it amplifies some parts of the audio spectrum
more than others and, at the output of the
amplifier, a meter of some description to display
the adjusted output voltage. The output voltage is
thus related in a defined way to the input sound
level, so that the output meter can be calibrated
directly in sound units rather than volts.

8.2.1.The Free Field Microphone is calibrated to
compensate for its own disturbing presence in the
sound field when pointed directly at the sound
source.

Free Field
Microphone

1) - <((m:z:.::

Fig. 8.2

Some of the less expensive sound level meters
consist of little more than these basic components,

They are usually fairly inaccurate, have a fixed If it is not pointed at the source, or if the sound is

weighting network, no analytical facilities and are
usually referred to by the manufacturer as
“Industrial Grade (BS 3489)’", A1 present, the
only other ‘official’ grade of instrument available,
and the one that is generally recommended for

coming from more than one direction, the
calibration of the instrument, which takes account
of the directional sensitivity of the microphone as
well as its disturbance effect on the sound field, no
longer holds good.

serious investigative work, is the **Precision Grade
(BS 4197y,

The block diagram of a typical good quality
portable sound level meter logks like this:

8.2.2.The Pressure Microphone is not calibrated to
compensate for its own disturbing presence, but
the magnitude of the effect is reduced to negligible
proportions if the microphone is pointed not at
the sound source but af an angle of 90° to it

O Auxiliary
Cuiput
Weighting
Inpust Network IDulp- 'l AL T
n . Amplifies —Ampltict ectiiie Display
Miraphone 77 ™ L_ | /
Hold / / { Sound
Circuit Fiessure e | \ { Ir] Soutce
Connechons fo: Microphone \
External Fiters
Fig. 8.1.

Fig. 8.3.

8.2. Microphone

Microphones convert a sound inio an electrical
signal which is an analogue of that sound as heard
by the microphone.

It is important to appreciate that the directional
characteristics of microphones (i.e., the extent to
which they respond more to sounds coming from
one direction than from another) vary from type
1o type. No microphone responds in exactly the
same way as a pair of human ears.

When a microphone is placed in a sound field it
d.lsyurbs and alters the field in the immediate
vicinity of the microphone diaphragm.

This effect is more pronounced with 1 inch
diameter microphones than the smaller (' inch)
ones now in common use. The disturbance affects
sounds of a higher frequency than about 3-4 kHz
and, although no alteration can be detected by the
human ear, quite significant errors can be

introduced if the necessary precautions are not
taken.

There are three main types of microphone for use
in conjunction with sound level meters.

38

There are a few very specialised applications
where the use of a pressure microphone is to be
preferred to a free field microphone, but not
many. Most stem from the fact that the larger the
microphone, the greater its disturbance effect,
When very low level sounds are to be measured,
the greater sensitivity of a large diameter
microphone may be needed and since the
disturbance effect of a correctly angled pressure
microphone can almost always be ignored for
practical purposes, a large pressure microphone
may be the better ool for the job.

8.2.3.The Random Incidence (or Omnidirectional}

Microphene is designed to have an equal response,
and hence uniform accuracy, for sound arriving
simultaneously from all directions.

The true random incidence microphone, or a free
field or pressure microphone specially adapted to
display omnidirectional characteristics, is by far
and away the most common and useful insirument
in service today. Its use is essential when measur-



ing sound in a reverberant location or when the
sound source is very large or diffuse.

- Sound

(1)
\

an

Random Incidence
Microphone

Fig. B.4.

8.3.

8.4.

In general, the smaller the microphone the better
its ommnidirectional characteristics, but the lower
its sensitivity. This lack of sensitivity can create
difficulties when attempting to measure low level
sources. However, most manufacturers offer a
device they call a ‘random incidence corrector’
which can be fitted over the top of their larger,
more sensitive, microphones to give them excellent
omnidirectional characieristics and so overcome
the sensitivity problem.

A microphone with good random incidence
characteristics is undoubtedly the best choice for
virtually every measuring situation encountered
on site, and, for all practical purposes, its
disturbance effects ¢an be ignored.

Weighting Networks

A weighting network is an electrical circuit which
deliberately distorts the signal to simulate the
response of the human ear and provide a single
figure readout which is a fair representation of the
loudness of the sound as perceived by the average
listener. The simpler sound level meters will give
an ‘A’ weighted readout only, but the better
models have switchable networks offering the user
a choice of A, B, C, D or linear (undistorted)
weighted displays.

Filter Networks

Filter networks allow measurement of sound levels
within specific bands of frequencies. For most
purposes it is sufficient to measure levels in bands
one octave wide, but occasionally narrower bands
must be analysed. Filter networks are therefore
generally available with one octave or one-third
octave bandwidths, switchable to allow selection
of the appropriate band of frequencies. They
come either as an integral part of the sound level
meter or as an add-on extra.

Very occasionally, there is a need to examine an
extremely narrow band of frequencies, or even a
single discrete frequency. Narrow bandwidth
tunable filters allow this to be done, but as these
devices are both seldom needed and very expensive
(even by acoustic measuring instrument siand-
ards) they will not often be encountered outside a
well-equipped laboratory.
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8.5.

8.6.

8.7.

The Rectifier and Meter Response

The purpose of the meter rectifier circuit is to feed
the sound level meter’s display device with an
electrical analogue of the Sound Pressure Level
being measured, after it has been weighted or
filtered. Usually the circuit provides a choice of
meter response, or damping, characteristics: i.e.,
‘fast’ and ‘slew’. With the response set to ‘fast’,
the display device will follow (or atitempt to
follow) any fluctuations that may occur in the
Sound Pressure Level. If these are rapid and
repetitive it will be quite impossible to obtain
accurate readings and, due to statistical effects,
such inaccuracies can be greatly magnified when
taking measurements of low frequency sounds.

The ‘slow’ response electronically averages out
these fast fluctuations and gives a more or less true
average reading; or at least one that is far more
accurate than could otherwise be obtained.

The more expensive instruments often give a
choice of two further types of response: ‘Peak’,
which gives a true reading of the maximum level
reached by a sound of very short duration, and
‘Impulse’, which gives a similar reading but
weights it to take account of the subjective effect
of short duration sounds on a listener (the shorter
the duration, the less the apparent loudness).
Facilities are always provided to ‘hold’ these
readings for long enough for them to be noted by
the observer.

Calibrators and Calibration

As with any measuring instrument, the sound level
meter must be regularly calibrated. Methods
employing reference signals generated within the
instrument itself are not particularly satisfactory
and external reference sound sources such as
piston phones, falling balls or electronically
generated sounds are preferable.

Sundry Equipment

8.7.1.Microphone windshield. As even low velocity air

movement around a microphone can generate
noise which will result in inaccurate measure-
ments, the use of a windshield is advisable,
however, a windshield can provide only minimal
protection.

8.7.2.Tripods and microphone extension rods or cables

are important when taking measurements in a
diffuse or reverberant field where an operator
standing close to the microphone would block
sound arriving from some directions,

8.7.3.Headphones when used to supplement the meter

reading can be of help in identifying a sound and
thus its source and cause. It is important that the
electrical impedance of the headphones be
correctly matched to the output impedance of the
meter.

8.7.4.Tape recorders, which must be of ¢professional’

standard, are necessary when laboratory analysis
of a noise is required. They are also used for
analysis of short duration sounds and are
particularly useful when an accurate deter-
mination of reverberation time is to be obtained



by measuring the decay time of an impulse noise
such as a pistol shot,

8.7.5.Calibrated sound sources, for calibrating the

8.8.

8.9.

8.10.

environment, not the meter, can be used for direct
measurement of the sound power level of a source
by substitution or juxta-position. One common
use is the determination of the insertion losses of
acoustic attenuvators.

The Vibration Meter

Although there are many specialised vibration
meters available, the vibration meter is basically
so similar to the sound level meter that most
manufacturers of good quality sound meters offer
a range of accessories which allow their instru-
ments to be used for measurement of both sound
and vibration. The main alterations to the meter
when it is used for measuring vibration are that
the microphone is replaced with a wide frequency
range vibration pick-up (transducer) and the
readout display is calibrated in units of vibration
rather than sound.

Yibration Transducers

A_lthough transducers are available to measure
displacement, velocity or acceleration, the
piezoeleciric accelerometer is by far the most
commonly used. It is small, tough, stable and
reliable, can be mounted in any attitude, is
relatively cheap, easy to calibrate, has no wearing
parts and has an excellent combination of a wide
fr_equency and large dynamic range. The only
minor disadvantage is that its electrical output
impedance is high and consequently the electrical
output signal must be fed through a special
preamplifier before it can be processed by the
meter. Because velocity is the first integral of
acceleration, and displacement its second integral,
lt_le inclusion of a simple electronic integrating
circuit enables the meter to show direct readings of
all three parameters. Purpose-designed vibration
meters invariably include built-in switchable
integration circuits whereas adapted sound level
meters use a separate integration unit which has 1o
be connected between the accelerometer and its
preamplifier.

Measurement

Measuring position

When checking the Sound Pressure Level in a
room or treated space for compliance with a
quc:fication designed to set a limit on general
noise, or when trying to evaluate the severity of a
*“'noise problem’’, the microphone is set-up where
a h_uman ear, in going about its normal lawful
business, is likely to be most affected! However,
when investigating noise from a given fan source
the Sound Pressure Levels in the vicinity of the fan
must be measured in such a way as to allow
calculation from them of the Sound Power Level
produced by the fan itself.

In the event that the fan Sound Power exceeds its
specification then the fan, its associated motor
and drives, and its installation must be examined.
If, on the other hand, it is established that the fan
Sound Power is within specification but the
measured Sound Pressure Levels are too high,
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then it is in the system and/or the environment
where the problem lies. Either way, the fan Sound
Power must be determined with a reasonable
degree of accuracy and this can only be done if the
measuring position is chosen with care.

The area in which measurements must be taken is
invariably part anechoic and part reverberant —
never one or the other; and theoretically this area
can be divided into three distinct zones called the
Near Field, the Free Field and the Reverberant
Field.

In the Near Field, which for most purposes can be
taken to extend for something like 111t from the
fan (to be precise, it is the wave length of the
lowest frequency to be measured or twice the fan
diameter, whichever is the greater), the Sound
Pressure Level varies enormously with very small
changes in measuring position,

Within the Free Field, sound propagation is
subject to the inverse square law so that doubling
the distance between the microphone and fan will
decrease the Sound Pressure by 6dB. Readings
should be made in this zone if possible. Beyond
this region is the Reverberant Field where reflected
sound, from walls and other objects, becomes of
similar magnitude to the direct sound from the
fan.

Very often there will be no Free Field in the area in
which measurements must be made either because
the room is too small or because it is too rever-
berant. In these circumstances the reverberation
time must be measured or estimated in order to
convert the measured Sound Pressure Levels to
the fan Sound Power Level.

A useful little table, found in a number of
textbooks on acoustics, is reproduced below. It is
perfectly adequate for most site investigations and
will often avoid the need for a time consuming
analysis of a pistol shot recording to determine a
reverberation rating,

8.11. Typical Reverberation Ratings

Use of Room Sound Absorbing  Reverberation Rating
Surfaces Time, Seconds

Radio and TV Special ceiling, 0.2100.25 Dead

Studios, Music many people, and

Rooms soft furnishings

Department Stores Acoustical ceiling, 0.4 to 0.5 Medium

Restaurants many people, and Dead
soft furnishings

Offices, Libraries Acoustical ceiling 0.9 1o 1.1 Average

Homes, Hotel or soft furnishings),

Rooms, Conference many people

Rooms, Lecture

Halls

School Rooms, Art Many people or 1.8102.2. Medium

Galleries, Building some acoustical Live

Lobbies, Hospitals material

Small Churches

Large Churches, People only 2.1104.5. Live

Gymnasia,

Factories




.12,

8.13.

Correction

Fig- 8

The‘re will be occasions when it is immediately
ol_mous that the problem lies not with the fan but
with the environment. In such cases it is often
worl_hWhiIe assuming the fan Sound Power 10 be as
specified and calculating a theoretical Sound
Pressure Level for the room or area working from
this basis. A comparison of the predicted and
measured Sound Pressure Levels will sometimes
quickly pinpoint the source of the trouble.

Influence of Opesator on SPL Readings
One's body and even the casing of the meter can
block out sound coming from certain directions and
thus prevent it reaching the microphone.

Both can also cause further measuring inaccuracies
by refleciing sound on 1o the microphone. One
au{honty quotes errors of up to 6dB in the 400Hz
region when the microphone is held at less than |
metre from the operator’s body.

Most sound level meters are designed in such a way
that case reflections are minimal and it is usually
sufficient to hold the microphone at arm’s length.
HDWE\_"er. if there is any doubt, a microphone
extension rod or tripod with an extension cable must
be used. The effect of one’s body on a reading can
then be seen by stepping to one side whiist
mamtaining the microphone in a fixed position.

Buackground Noise

Background noise is always present on site and may
sometimes make measurement impossible. Where
the difference with the fan running and the fan off is
less than 3dB, accurate measurement is not possible.
Between 3dB and 10dB difference a correction factor
must  be subtracted from the fan+ background
measurement to obtain the level attributable to the
fan itself, With a difference greater than 10dB, no
correction is necessary.

3
2
1
0
3 ] 5 3 7 8 B 10
Difference dB
5.

Unless vibration levels have been specified and are to
be checked, or a vibration problem has been
reported, vibration measurements would normally
0“1Y_be undertaken as an aid to tracing the cause of a
previoysly observed excessive Sound Level.
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8.14.

8.15.

B.16.

Accelerometer Mounting

The accelerometer must not alter the character or
frequency of the vibration being measured. Fortun-
ately, the mass of a piezoelectric accelerometer is
usually small in relation to the mass of the vibrating
object being investigated and its effect on the
vibration is negligible. Errors, however, can
sometimes be introduced in this way so this must
always be borne in mind.

Accelerometer manufacturers always offer a variety
of mounting methods and attachments for their
products. If a mounting difficulty is encountered it is
well worth looking at the manufacturers’ literature
to see what is available, although in practice one of
the following three methods can usually be
employed: double-sided adhesive tape for non-
magnetic components; magnetic bases for most steel
components and a hand-held probe. Double-sided
tape or a magnet are to be preferred when an actual
measurement is to be taken.

Although the hand-held probe can be extremely
useful for fracing a vibration, it is virtually uselessfor
obtaining an absolute measurement because pressing
it against a component usually reduces the amplitude
of the vibration; in some cases stopping it altogether
{e.g., ductwork panels). Its upper frequency limit is
about 1000Hz, but this does cover most of the
vibrations needing investigation.

When 1aking readings with a piezoelectric
accelerometer the connecting cable must not be in
contact with a vibrating surface and must not be
allowed to ‘whip’. This is because the high output
impedance of the accelerometer makes the cable
vulnerable to induced disturbing signals (known as
‘microphony’) caused by cable vibration, which
will result in measurement inaccuracies.

Investigation Reports

Careful documentation of site measurements and
conditions is essential, particularly when an off-
site analysis may be necessary or when compar-
isons are 10 be made at some future date.

A good investigation report should contain at least
the following information irrespective of whether
or not it may seem relevant or obvious at the time
because others without background knowledge of
the situation may need to refer to the report:

(i) Instrumentation used — makes, types and
serial numbers.

(ii) Dates and m=thods of calibration.

(iii) Weighting networks and meter T€SpONSEs
used.

(iv} Nature of sound or vibration (e.g., random,
continuous, any pure tones, e1c.}.

(v) Background noise levels.

(vi) All available data on object investigated

{e.g., fan type, speed, blade pitch, etc.).
Sketch of measuring location With all
relevant dimensions; locations of micro-
phone, accelerometer, other objects; details
of absorbent or reflective surfaces, €IC.

(vii)

A few basic Rules (Technical)

Before visiting a site:

() Obtain as much information about the fan,
site and installation as possible. In



(ii)

(iii)
(iv)

particular, obtain details of the theoretical
or previously measured sound characteristics
of that type of fan.

Read the instruction books and become
thoroughly familiar with the operation of
the measuring instruments,

Check the instrument batteries and take a
spare set.

Check that the instruments have recently
been properly and appropriately calibrated
for the type of measurement required.

Once on site:

(@

(ii)

(iii)

(iv)

Take ‘orientation’ measurements before
starting to record values for the report in
order to get a ‘feel’ of the site, For instance,
it will help to determine the type of sound
field, whether or not there are any low
frequency standing wave patterns and so on,
all useful when deciding the best way of
setling about the investigation.

If extraneous noise is causing confusing
sound level meter deflections headphones
can help identify the source.

Whilst taking noise measurements:

{a) Avoid absorbing or reflecting surfaces.
Ensure that one's own body cannot
affect the readings.

{b) Try to take measurements at
optimum distance from the
source.

(¢) Avoid siting the microphone behind
objects.

(d) Use a microphone windshield, even in
low velocity airstreams,

(e) Set the meter range so that meter read-
ings are as near as possible in the centre
of the range. Distrust readings falling in
the bottom 10% and top 3% of the
range. Never accept overloaded or
overdeflected meter readings.

() Always remember to measure and
record the background noise levels even
though they may appear 1o be negligible.

the
sound

Prepare and keep a well documented
investigation report.

8.17. A few more basic rules (‘others’)
‘Other’ considerations besides purely technical
ones influence site investigations. There are rarely
included in the standard works on acoustic

measurements,

perhaps because the authors

consider them too frivolous to mention. However,
because ignoring them will inevitably result in the

loss of someone’s time, money or temper, here are
a few;

t)

Dress is important.

Try to establish in advance the type of site to
be visited and, if building is still in progress,
the stage of completion reached.

Arriving dressed in an office suit at a site
where the only access is via a quagmire will
be inconvenient to say the least.

On the other hand, it is an inexplicable but

42

(i)

(iii)

(iv)

(v)

(vi)

(vii)

(viii)

indisputable fact that the appearance in an
occupied building of someone dressed in
‘construction site’ clothing, carrying a sound
level meter, has the immediate effect of
substantially increasing subjective noise
levels!

Commissioning of equipment usually takes
place before a construction site is cleared
and loud intermittent noises and vibrations
are an inherent feature of construction
work.

So, to avoid the need to politely ask nearby
machinery operators to “*hang on a bit’’, a
request to which they seldom take kindly, it
is worthwhile establishing the opening hours
of the ‘local’ and arranging measuring times
accordingly.

Unless one makes careful enquiries before-
hand, expecr to arrive at an occupied block
of flats at 10 a.m., say, only to be informed
that “It's only noisy when we're in bed at
night'’,

When investigating a complaint originating
from an occupant of a building, particularly
if it is his or her home, always try to meet the
complainant in person. Irrespective of
whether or not the complaint is justified, or
whether or not the noise can be reduced, a
friendly chat can very often stop further
complaints being received from a lonely
0.AP.

*‘Could you tell me where the fan is, please?
I need to take some sound measurements.”

““You can’t. It was disconnected a week ago
because it was too noisy!”’

A consultant demands an immediate visit to
a site 300 miles from one’s office — he was
there yesterday and the fans sound like jet
aircraft taking off!

Cne arrives on site, finds that none of the
fans has yet been connected to the electricity
supply, and watch a Boeing 747 taking off
from the nearby airport!

One will often find that the removal of
transit packing pieces from a noisy unit will
save a considerable amount of unnecessary
investigation.

Be prepared for the fact that typical

measuring locations include:

(a) Exposed roofs, 11 stories high, whipped
by Gale Force 8 winds.

(b) Boiler rooms, seemingly never exceeding
6ft x 8 ft in area, equipped with an array
of badly lagged pipes all with tremen-
dous potential for causing second degree
burns.

(c) Ceilings or under-roof areas where
access must be gained by a 30ft ladder
with four rungs missing and the only
available support is a lighting track.



9. CONDITION MONITORING

9.1.

9.2,

Yibration Identification

In the chapters so far, noise and vibration have
been considered in a general way and permissibie
overall limits have been indicated. For important
and/or arduous applications, however, where a
lotal breakdown could be catastrophic, the causes
and effects of vibrations must be identified.

The identification of the cause of a vibration is to
be found in an analysis of its frequency and
velocity. The amplitude of vibration is not
important in a diagnostic sense except when
considering frequencies below about 10 Hz.

Vibrations occur at different frequencies depend-
ing on their cause, each type of cause being
identified by a specific frequency (or multiple of
that frequency) in a manner similar to a human
being uniquely identified by a fingerprint, For
example, a faulty ball bearing causes high
frequency vibration at many times the fan
frequency, whilst unbalance or misalignment
produces vibration at the fan frequency itself.

Problems, and, importantly, developing prob-
lems, cannot be identified by measuring the
vibration amplitude, Furthermore, the acceptable
amplitude is related to the frequency — the lower
the frequency the pgreater is the acceptable
amplitude (CHAPTER 6) BUT the vibration
VELOCITY should remain constant.

The *vibration signature’ of the fan set must be
obtained immediately after successful commiss-
ioning. This is the ‘standard’ against which
subsaquent vibration analyses are compared.

The ‘signature’ is obtained by holding or attaching
a transducer (CHAPTER 8) to certain parts of the
installation, usually the fan and/or motor
bearings, and viewing the display on the
associated meter, Fig 9.1. To produce a
permanent record of the analysis, an X-Y
recorder, connected through a tunable frequency
analyser, is used to plot the vibration velocity
against the narrow frequency bands which the
analyser can identify, Fig 9.2. The vibration
transducer can be attached to the bearings to
measure the vertical, horizontal or axial modes.
The resultant traces provide more detailed
information about possible sources of vibration.

Subsequent monitoring will highlight any
increases in vibration velocities, and these
increases will warn of the onset of problems. The
frequencies at which the increases have occurred
will identify the problems.

Vibration velocities are a quality judgment whilst
their frequencies will indicate the cause.

Vibration Sources & Their Frequency *Signatures’

9.2. 1.The Fan in General

(i) UNBALANCE — the most common cause
of vibration. As a heavy spot gives a ‘pulse’
to the transducer once every revolution,
unbalance in a fan is identified by high
readings in the horizontal and vertical

43

(i)

(iii)

directions at the rotational frequency, Fan
rpm Hz.

60

High readings at commissioning can indicate
residual unbalance in manufacture, or ‘sag’
if the fan has not been rotated regularly
during storage on site. The build up of dust
on an impeller, erosion or corrosion also
leads to increasing vibration. Scaling at high
temperatures (above 400°C) or soaking in
heat whilst stationary are other possible
causes of unbalance.

MISALIGNMENT — almost as common as
unbalance despite the use of self aligning
bearings and flexible couplings. Fig 9.3.
illustrates possible types of c¢oupling
misalignment. A bent shaft also produces
misalignment.

Misalignment always produces radial and
axial forces, the size of these forces, and
therefore the vibration produced, being
proportional to the misalignment. The axial
readings are usually 50%, or more, of the
radial readings and again the frequency is
normally rpm Hz.

60

When the misalignment is severe however,
vibration at 2 x rpm Hz and even 3 x rpm Hz

60 60
may be experienced.

Misalignment can also occur when bearings
are not correcily lined up or, very often,
when a fan has been distorted by tightening
down on to foundations which themselves
are not level. With sleeve bearings this will
produce vibration proportional to the
residual unbalance, but with ball or roller
bearings an axial vibration would be
produced even if the impeller were
‘perfectly’ balanced, a condition which is
impossible to achieve.

Another very common fault is incorrectly
aligned pulleys and Vee belt drives, Fig 9.4.
This misalignment causes rapid wear of belts
and production of frictional heat which can
be transmitted to, and affect, shafts and
bearings. It eventually can result in destruct-
ive vibration.

High axial readings (at least 50% of _the
horizontal or vertical) at rpm Hz and possibly
60
2 x rpm Hz or even 3 X rpm Hz indicate
60 60
probable misalignment.

ECCENTRICITY — occurs when th§ centre
of rotation does not coincide with the
geometric centre.

As far as a fan impeller is concerned, this
normally leads to more mass on one side of
the rotational centre than the other, Le.,
unbalance. It can therefore be corrected



Fig. 9.1. Typical Apparatus
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(iv)

providing rebalancing is carried out with the
impeller on its own shaft and bearings, and
the positions of the inner races of ball or
roller bearings on the shafl are not changed.

The predominant vibration frequency is, of
course, rpm Hz.

60

When fans are gear driven, eccentricity can
produce reaction forces between the pinions
because of the cam-like action. Vibration
will be at 2 maximum along a line joining the
pinion cenires, at a frequency of rpm Hz of

60
the ecceniric pinion. The problem cannot be
cured by rebalancing.

A similar situation can arise with eccentric

Vee belt pulleys. Vibration will be at its

maximum in the direction of belt tension at a

frequency of rpm Hz of the eccentric pulley
60

and, again, the problem cannot be cured by
rebalancing.

LOOSENESS — usually resulting from
loose foundation bolis or excessive bearing
clearances.

4

5

Vibration will not occur unless there is an
exciting force such as unbalance or
misalignment. However, quite small forces
can produce large vibrations. Although
rebalancing, or realignment would theoretic-
ally eliminate vibration, the extreme
accuracy necessary may be impossible to
achieve on site and, therefore, it is essential
to tackle the problem at its source.

To determine the characteristic frequency of
any looseness, consider an unbalan;ed
impeller fitted to a shaft running in a bearing
with loose holding-down bolts. When the
heavy spot is downward, the bearing will be
forced against its pedestal. When the heavy
spot is upward, it will lift the bearing. Al
positions 90° to either side the unbalance
force will neither lift nor hold down, and the
bearing will drop due to weight alone. Thus
there can be two applied forces each revo-
lution of the shaft and the characteristic
frequency of looseness could be 2 x rpm Hz.

60
Furthermore, a small rotating force could
cause slight movement in any radial
direction.
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% é Offset Misalignment

When an anti-friction bearing is
misaiigned with its shaft, axial

vibration will occur whether unbalance Angular Misalignment
IS present or not.

-

g B ¥

—

Combination Angular/Offset
Misalignment

Misalignment of a sleeve-type bearing
with its shaft will only cause axial
vibration if accompanied by unbalance

Fig . 8.3. Misalignment

Angular or offset misalignment
of V"' belt pulleys causes high
axial vibration.

Fig.. 91 Vee belt drives



9.3,
9.3 1.

{v) AERODYNAMIC FORCES
These are not usually a problem unless they
excite some part of the fan or associated

ducting system to vibrate at resonance (see
below).

An investigation of the fan noise spectrum
will usually indicate possible troublesome
frequencies, especially if a narrow band
frequency analysis is available. In general
terms, however, the following frequencies
may be the source of trouble:

a. Blade passing = No. of blades

frequency x rpm Hz
60
b. Guide vane = No. of guide vanes
frequency (Inlet x rpm Hz
60

guide vanes on a
centrifugal or axial

fan).
c. Support frequency = No. of supports
(e.g., moior x rpm Hz
60

supports on an
axial impeller, tie
rods on a
centrifugal).
d. Secondary frequencies at the harmonics
of the above may also be present.
e. Interactive frequencies will occur at
(a+b) Hz, {(a - b) Hz, (b+c) Hz, etc.
NOTE: Where the number of blades and guide
vanes are equal, both even integers, both
odd integers or differ by an even integer,
there is the possibility of beat
frequencies being set up.

Every object has a natural frequency at which it
tends to vibrate. Should an aerodynamic forcing
frequency coincide with the natural frequency of a
part, then resonance will occur. Overcoming the
problem with a Vee belt driven unit is simple
because a small change in the rpm will normally be
sufficient. With a direct drive unit, stiffening, ora
change in the aerodynamic design, may be
necessary. The problem is very unlikely to occur in
the fan, but is often a problem with associated
ductwork. Specia! care should be taken with the
design of iniet and outlet bends on fans as, with an
uneven velocity distribution, resonance can occur.
The usual solution is to introduce splitter vanes
(taking care with their number to obviate beat
frequencies) or make bends of larger radius.

The Specific Problems of Fan Bearings

Sleeve Bearings

Problems generally result from excessive
clearance, wiping, erosion of the journal surfaces
(caused by builders’ dust on site entering the
bearings before start up), looseness of the white
metal, inadequate lubrication (poor maintenance),
lubrication with an incorrect grade of oil, or

chemical corrosion. Characteristic  vibration
frequencies are 1 (rpm) Hz, 2 (rpm) Hz
60 60
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9.3.2.Ball & Roller Bearings

9.4.

Races which have flaws on the balls, rollers or
raceways will usually cause high frequency
vibrations, identified as follows:

Flaw in outer raceway rpm x b {1=h COS M) Hz
or variation in stiff- g9 2 H

ness around the

housing

Flaw in inner raceway rpm x b (1 +h COS M} Hz
60 2 H

Flaw in ball or roller rpm x H (1 —h’ COS'M) Hz
6 h H

Irregularity in cage or rpm x | (1 —d COS M) Hz
rough spot on ball/

60 2 H
roller
Where b = number of balls or rollers.
h = diameter of balls or rollers
H = pitch circle diameter of race
M = angle of contact of ball or roller.

These vibrations not being easily transmitted to the
fan the flaws will be discovered by velocity readings
on the bearing housing.

Severe misalignment or a race will sometimes result
in a frequency at n x rpm Hz even when the bearing

60
itself is satisfactory.

Modern ball and roller bearings are precision
made and with correct installation and lubrication
are unlikely to cause trouble. When they fail it is
more often the fault of unbalance, misalign-
ment, lack of proper lubrication, or use at speeds,
loads or temperatures in excess of those
recommended by the manufacturers.

When faults are present, vibration readings at the
relevant frequencies are usually at least five times
the reading produced by a good bearing.

Specific Vee Belt Drive Problems

Many of the problems found in fans can also be
present in Vee belt drives. The balancing of
pulleys is oficn overlooked and must be specified
when ordering. Misalignment has already been
mentioned.

Vee belt drives have good resistance to shock and
vibration, but may be blamed for causing trouble
as they can be seen to whip and flutter, especially
when the belts are unmatched. Beits are often
changed unnecessarily when the fault is really that
of unbalance, misalignment, eccentricity or loose-
ness. Nevertheless, the importance of using
matched sets of belts cannot be emphasised
sufficiently.

Vibration from faults in the belts themselves occur

at multiples of belt speed. The relevant

frequencies are

1.2, 30r4 X{Pulley diam x Puliley rpm)} Hz
Belt length 60

Likely faults in the belts are rough edges due to
pieces being broken off, and hard or soft spots.



9.5.

Faults in pulleys, such as chipped grooves, will be
identified at the speed of the relevant pulley rpm Hz

60

Electric Motor Problems

Most electric motor vibrational problems are
mechanical in origin usually resulting from
unbalance, misalignment, bolting down to
foundations which are not level, loose foundation
bolts or faulty bearings. Previously listed freg-
uencies are therefore applicable using, of course,

the motor rpm where this differs from the fan
rpm.

With induction motors forces act in the air gap
between rotor and stator tending to pull these
together and produce vibration at twice the line
frequency Hz. Normally such vibration is small
except in two pole motors, but if the air gap
varies, or if the tightness of stator laminations or
windings in the stator vary, then this vibration will
increase considerably. The 2nd and 3rd harmonics
may also be important.

Generally slip frequency, (Line frequency-Motor
rpm/60)Hz, will not in itself be important as it will
be of very low frequency. However, its interaction
with higher frequencies can produce pulsations.

If the rotor is severely unbalanced, the high spot
will come closer to the stator than other points. As
it passes the stator poles more pull is exerted. Thus
vibration occurs at twice slip frequency on a 2 pole
motor, quadruple slip frequency on a 4 pole motor
and so on. The magnitude of the readings in these
frequencies can indicate whether the problem is
simply due to lack of balance, change in the air
gap, worn journals, broken rotor bars, etc,

If a resonance condition exisis within the motor at
line frequency, then large vibrations can be
produced. More often however this is the fault of
an unbalanced magnetic pull and can be cured by
changing stator connections.

With all suspected electrical sources of vibration,
the simple check is to switch off the motor when
they should *‘die’’.

The perfect fan and motor do not exist. It is
therefore the increase in readings which will
indicate trouble.

Vibrational monitoring and diagnosis are the
province of skilled persons and the major fan
companies have devoted much time to the relevant
research. The use of vibration meters with
frequency analysis is to be encouraged provided
that operators are trained in their use.

Whilst one should approach the manufacturer for
advice, it is nevertheless of value to be able to
appreciate possible trouble sources in the system.
The contractor and user should be aware of how
they can ensure and monitor good installation and
maintenance so that the inherent good running

sought for in design and manufacture continues in
service,
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10. CASE STUDIES

The cases in this chapter illustrate some of the
problems which occur on site and narrate how the
installations were improved.

No attempt has been made to make the examples
exhaustive — that would have been impossible;
but they have been chosen to include a
representative selection of fan types and sizes. The
real purpose of the chapter is to provide an
appreciation of the range of noise and vibration
problems which occur and to show how an
analytical approach can identify the cause of a
problem and suggest a possible cure,

Case Study 1

Excessive fan noise from a filtered fresh air input
system created a problem in two adjacent
laboratories of an electronics factory. Although
little noise was emanating directly from the unit
casing containing a 24" diameter axial flow fan
running at 1,440 rpm, there was considerable
breakout from the 600mm wide rectangular
ductwork immediately downstream from a 90°
radiused bend below the unit. Noise with a large
high frequency component was unpleasantly loud
in the neighbouring laboratory served by the air
input grilles at the discharge end of the branched
duct system.

A theoretical analysis predicted noise breakout
levels from the system, yet on-site octave band
Sound Power Level readings showed noise levels
well below those expected in the 125Hz and 250Hz
bands and greatly in excess of those anticipated at
higher frequencies. The ductwork was well
constructed with no excessive drumming or
vibration present in any panels and the fan was in
perfect running order.

Three possible contributing sources of the
excessive noise were observed. Removing the
discharge grilles indicated that they were causing
the generation of excessive air noise, some of
which was transmitted back down the ductwork.
Turbulent airflow arising from the 90° bend below
the fan and from the regulating dampers at the
duct branches gave rise to some regenerated noise.
There was also some evidence of regeneration at
500Hz as the duct width was approximately equal
to the wave-length at this frequency. A different
pattern of discharge grilles and a 90° splitter
silencer bend eliminated the problem.

The fan is too often blamed if the system is 100

noisy.

1. Grilles are often chosen because of their
appearance rather than their suitability.

2.  Bad system design invariably causes
turbulence which, in turn, causes noise.

3. Rectangular ductwork, unless acous{ically
insulated, should be avoided In a
conditioned area.

Case Study 2

A forward curved centrifugal blower in a plant
room mounted extract unit was being blamed for
undue noise in the bathroom and toilet areas of
two adjoining Local Authority flats, Although the
specification called for sound levels not exceeding



NC335, the acoustic performance of the fan had
not been considered at design stage.

It was observed that the wall panels on which the
extract grilies were mounted were excited into
vibration by the resonating extract system
ductwork. A few extra securing screws stopped the
panel vibration and brought the octave band
Sound Pressure Level readings down to NC35
levels in all but the 125Hz band. Flexible
connections fitted between the fan unit and
ductwork brought the 125Hz noise down to an
acceptable level, incidentally facilitating easier
access for future fan maintenance.

Common faults too often encountered on site are
the omission of flexible connectors between fans
and ductwork, and badly secured panels or fixings
to which the grilles and sometimes funs themselves
are fitted.

Case Study 3

A centrifugal blower was blamed for causing
distinct noise peaks at approximately 100Hz and
1000Hz in a kiichen extract systemn. However,
Sound Pressure Level readings taken within the
farge fan housing showed no peaks at these
frequencies and it was decided to use a
magnetically attached accelerometer to investigate
the system further.

Areas of ductwork with a natural resonance
frequency at 100Hz were soon located, and
silenced by tightening the associated support
clamps. This did not affect the 1000Hz noise
peaks preseni in the vertical duct risers of the
system, which seemed 10 be acting like organ
pipes. The subsequent site report recommended
substituting radiused bends for the sharp right-
angled take-offs serving the vertical risers. This
work was carried out and a cure effected.

Another example of the fan being incorrectly
blamed for producing excessive noise!

Radiused bends should aiways be used with right
angled take-offs.

Case Study 4

Turbulent air flow had caused considerable
buffeting and shaking of the casing of a roof
extract unit containing a large mixed flow fan.
The fitting of special absorbers and air straight-
ening vanes alleviated the problem, but the site
engineers reported their concern about low
frequency vibration still present in the roof area
surrounding the plant.

A vibration level meter was used to check the
machine and, although vibration levels were
within specification, it was demonstrated thai the
particularly resonant roof structure was being
excited via the fan unit’s base. A set of *‘Double
U’’ shear pattern rubber anti-vibration mountings
was selected to complement the compressed-cork
type absorbers already fitted and this overcame
the problem

An interesting problem initiated by an incorrect
system resistance value causing the fan unit (o
operate in a previously unknown region of
instability.
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Be careful when lightweight roofs are used 1o
support rotating or vibrating equipment!

Case Study 5

A lecture room at a school for the deaf was served
by a warm air input unit and a roof extract unit,
both incorporating 12’ diameter, 4 pole, axial
flow fans. Strange though it may seem, unaccept-
able noise levels were reported and a theoretical
acoustic analysis of the system was carried out.
This suggested that NC60 sound levels were being
reached and this was confirmed by measured
sound levels of NC55+4. It was discovered that
special equipment, used in the teaching of the deaf
and partially deaf children, was so sensitive that
noise levels in the areas where they were being
taught had to be kept as low as possible.
Discussion with the Local Authority resuited in
the recommendation that speed controllable 6 pole
fans of higher blade angle be substituted. At full
speed the reduction in air volume of about 7% was
acceptable in the light of the corresponding 6dB
decrease in Sound Pressure Level; while when the
special hearing aid equipment was used the fan
speed control would enable noise levels to be
reduced by a further 22dB yet still maintaining an
acceptable air change rate.

A problem caused by lack of information at the
design stage. The solution was acceptable and
inexpensive in this case, but reducing the duly is
often a poor comproniise.

Case Study 6

Visits were made to each of two child assessment
units run by a provincial Area Health Authority.
Two belt-driven backward-curved centrifugal-fan
roof extract units were utilised on each building in
association with curb mounied sound attenuators,
as recommended at design stage following acoust-
ic analysis of the proposed installations. The
buildings were not yet occupied and the absence of
furnishings, carpeting, etc., made a re-analysis
necessary before it could be checked that the fans
were within specification.

Octave band sound pressure levels were measured
inside the buildings and were in excess of what
could be reasonably expected in the 125Hz, 250Hz
and 500Hz bands. Examination of the fan units
revealed that transit packing pieces had not been
removed from the anti-vibration mountings, and
one unit had a particularly noisy motor. With
these faults rectified, further octave band Sound
Pressure Level readings were taken and showed
that noise in the 500Hz band was now within the
required NC40 level but levels at 125Hz were from
7dB to 10dB in excess of those specified.

Results of laboratory tests indicated that a
reduction of 7dB would be achieved at 125Hz and
250Hz by replacing the roller bearing assemblies
fitted to the fans with sieeve bearings. T his course
of action was specified.

It was apparent that some ceiling resonance was
contributing to the overall low frequency noise
levels and measurements taken with an accelero-
meter indicated that a further 4-5dB reduction
could be obtained by fitting rubber A.V. strips



between the units and their upstands. The units
were so treated and the system noise levels brought
within the specification criteria.

Everyone at fault!
1. Always check that transit packing pieces are
removed by the installer.

2. The manufacturer now always uses sleeve
bearings on fans running below a certain
speed.

3. Lightweight building systemns are often a
source of vibration and resonance,

Case Study 7

An air extract system using four propeller fan
units was installed on the roof of the main hall of
a large public school. Noise from the fans was
reported as being ‘‘unbearable’. A theoretical
analysis was made of the system using the fan
manufacturer’s published sound power levels and

information available from the builders’ work
drawings.

On-site octave band Sound Pressure Level meas-
urements were well within the predicted levels in
all but the 125Hz octave band and, although it fell
outside the practical scope of the analysis, the
63Hz band. Readings were taken as follows:

63Hz
125Hz

66dB - 70dB (Background 48dB)
64dB - 72dB  (Background 36dB)

Two figures are quoted for each octave band as
the noise at these frequencies varied between the
levels stated with a slow, steady pulse, Measured
levels varied considerably in a regular pattern as
the sound level meter was moved from one end of
the hall to the other,

The fans themselves were in perfect condition, but
the roof construction was such that large areas of
decking were readily excited into resonance in the
63Hz and 125Hz octave bands. The hall was
exceptionally reverberant at low frequencies and,
combined with the resonant roof, encouraged
standing wave paiterns and resonant low
frequency “‘beats’” 10 manifest themselves when
the extract fans were running.

The fitting of coil-spring based A.V. mountings to
the fan cases minimised the roof excitation and
consequent low frequency reverberant sound
pressure levels in the hall.

A very extreme example of the problems being
caused by large lightweight decking roofs when
they are not locally strengthened where they
support ‘running’ equipment.

Case Study 8

A complaint by a customer reported excessive
vibration from an 11" diameter axial flow fan
rgnning at 3550 rpm on a 60 Hz A.C. supply. A
visit to site showed that the customer was correct
and it was arranged to take a full vibration trace,
using a narrow band filter to assist in the analysis.
Investigation of the trace showed that excessive
vibration was being produced at 15 x rpm.

As the fan had 8 blades and 7 guide vanes, an
aerodynamic source was suspected. The fan was
measured and it was found that the clearance

30

between the impeller blades and guide vanes
increased diametrically to the extent of only
1/16". When the vanes were machined to remove
this error, the problem was solved.

The correct measuring equipment and a
knowledge of fan noise characteristics enabled
quick identification of the problem.

Small dimensional *‘errors’’ may sometimes be the
cause of a significant acoustic problem.

Case Study 9

The air supply to a ventilation system serving a
new complex was provided by an air handling unit
sited in a plant room immediately behind the
screen of a basement cinema. Attenuaters had
been selected by the contractor, based on the
sound power data for the air handling unit, to
meet NC30 in the cinema and NC35 in a small hall
on the floor above.

When the plant was first run there were no noise
probiems evident and sound measurements were
not taken. However, the air flow to both areas was
found to be low and the fan speed was increased
from 1100 rpm to 1550 rpm. This caused a noise
problem; the noise level in the cinema increased to
nearly NC 45, made worse by a large amount of
objectionable low frequency noise, Fig 10.1. The
cinema, the small hail, and the corridor outside
the cinema above which passed the main duct and
attenuator in a false ceiling were affected.

Narrow band analysis revealed random low
frequency noise together with a large component
at 26Hz — the fan shaft rotation frequency. This
low frequency noise was reaching the cinema,
small hall and corridor, along the ductwork, but
the main path was via duct breakout before the
attenuaiors.

The cause of the problem was clearly the very poor
aerodynamic conditions between the air handling
unit and the attenuator, Fig 10.2. Not only was the
correct amount of air expected to divide itself
{(unequally) to serve the two paris of the system
but the tortuous ductwork caused severe low
frequency turbulence and, hence, noise. In
addition, the 26Hz pure tone indicated an
aerodynamic out-of-balance of the fan, probably
caused directly or indirectly by the shaft
“‘whirling” at the increased speed. To reduce the
speed in order to improve the noise levels and
maintain the required air quantity clearly required
an improvement in the aerodynamics of the
systern, but there was no space (o straighten out
the ductwork. The problem was solved by
inserting short chord turning vanes across each
bend and across the ‘plenum’ of the fan discharge,
see Figs 10.2. and 10.3.

When this was done, it was found possible to
reduce the fan speed to just over 1000 rpm and still
produce the required air flow.

The final noise level of just over NC25 in the
cinema is shown on Fig 10.1. All the low
frequency noise in the system was eliminated.

A low frequency noise problem arising, r1ot out of
an acoustic fault but an aerodynamic one. It was
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solved by improving the airflow conditions and

not by the application of any noise control
equipment,

Combined fire and control damper

Turning vanes

{added later} | Attenuator
To small - .
hall o, Corridor To
‘\‘w . Under Cinema
o rf’r
1A Twin fan outlets Af
Air handling unit ‘e Cinema
Cavity wall
Fig. 10.2.
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Fig. 10.3.

Case Study 10

When a Gas Cleaning Plant serving metal casting
cupolas became fully operational 24 hours a day,
complaints about noise began 1o arrive from the
[ocgl neighbourhood. In certain cases not so local
— 1t was claimed by some that the plant could be
heard seven miles away!

Essentially the gases from the hoods above the
cupolas are drawn through a long run of circular
ductwork into a water-scrubbing unit powered by
a large industrial centrifugal fan situated on the
ground next to the scrubbing unit. The dirty
exhaust pases pass upward through the water
scrubber and after cleaning pass round a 180°
bend and so down into the fan, The fan exhausts
into a 26 metre high stack.

At the design stage a specification laid down noise
fevels not to be exceeded at the factory boundary
fence and cylindrical pod attenuators were
incorporated in the ductwork on both sides of the
fan. The fan itself had been provided with a small
enclosure. The selection of the pod attenuators
had been based on octave band sound power level
data provided by the fan manufacturer.

Noise measurements established that the problem
was due to a pronounced tone at 271Hz, the
fundamental blade passage frequency of the fan.
(The fan has 11 blades and rotated at 1475 rpm.)
The dominant noise source for transmission to
large distances was radiation from the top of the
stack. An additional larger enclosure had been
constructed around the existing fan enclosure and
the base of the stack. This had been effective close
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to the fan, but the noise remained unabated at
distances greater than 100 metres from the plant.
Fig 10.4.

Enquiries elicited the information that:

{1) [t was thought that the two attenuators were

severely clogged.

(2) A similar plant at another factory had no
noise problems, and
(3) The fan was operating at the *design point’

on its characteristic — moving 35,000 cfm
through 46ins W G — pressure drop at
77°C.

In-duct sound pressure measurements were taken
above and below the pod attenuator in the stack
using a 1 inch microphone and nose cone.

These confirmed that the attenuator was not
effective. The Sound Power Levels calculated
from the measured Sound Pressure Levels differed
considerably from the data provided by the fan
manufacturer. The most startling difference was
in the 250Hz octave band — the octave band
containing the 271Hz pure tone, where measure-
ments indicated the level in the 250Hz band to be
over i8dB above that in the 500Hz band whereas
the fan manufacturers data indicated a difference
of only 6dB. Readings showed a pressure drop of
62ins W G across the fan and a volume flow rate
of 25,500 cfm. The fan was clearly throttled and
examination of the plant showed that the scrubber
itself was virtually clogged.

271 Hz

Frequency Hz

Fig. 10.4. Narrow band analysis of background noise at a residential

location half 2 mile away from factory.

A return visit was made when the scrubber had
been cleaned out and a repeat series Of noise
measurements were taken with the plant manual
throttle device adjusted to give a series of pressure
drops and volume flows. A clear correlation was
evident, the more throttled the fan (i.e., the lower
the volume flow and the higher the pressure drop)
the higher the level of pure tone, the difference
between the best and worst cases being 26dB in the
250Hz octave band level. Fig 10.5.

Investigation revealed that it was necessary to
partiaily throtile the fan on start-up to avoid
excessive current demand for the fan motor. It
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was then usual to leave the throttle in this
position, the plam thus producing a high level of
271Hz pure tone.

The solution proposed was a dual one. The outlet
attenuator was replaced by a more effective
splitter type to cope with the short periods when
the plant is run with the scrubber partially clogged
and the fan throttling device was modified to
ensure that the fan operates as near to its design
point as is practical.

Subsequently it was discovered that an identical
plant which had no noise problems has recently
proved 1o be the source of an irritating noise!

An unusual application, but one which neverthe-
less illustrates the most imporiant rule of site
investigations — that ALL information, however
helpfully intended, must be checked!

Technically, the case emphasises the importance
of operating a fan as near 1o its design point as is
possible.

(m] 66 ins w.g. {Scrubber clogged)
@ 62 ins w.g. 25.500
o 58 ins w.g.
+ 54 ins w.Q.
-+ 50 ins w.g. 39.500 cfm
fat 49 ins w.g.
140 ¢
o
130 @
o]
120 |-
+
10 - &
A
100
90 1
250 Hz

Figy. 10.5. Fan sound power lavels at various operating congditions

Case Study 11

In a large auditorium, the supply air duct dropped
from the plantroom into the conditioned space,
and then entered the structure again, to supply
into an underseat plenum system. When the
system was commissioned it was found that the
noise level was in excess of the design level of
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NC20. Investigations showed that the problem
was mainly a low frequency one, being due 1o
noise breakout from the large area of rectangular
supply duct, which was approximately 10 metres
long. The subjective effect of the noise was worse
than the measured NC25 would suggest, as much
of the low frequency noise was below the 63Hz
octave band, i.e., less than 44Hz, and
consequently did not show up on an NC chart,
which starts on the 63Hz band.

Three options were available:

i. Reduce the noise at source.
ii.  Provide more attenuation.
iii. Stop the noise breaking out of the duct.

With any acoustic problem, step i. is always to be
preferred. Step iii. would have required some very
heavy duct wall enclosure, and the only
guaranteed solution would be to enclose it within a
concrete duct, which was not possible for many
reasons. Contractually, it was necessary (o
investigate the attenuator performance as this was

considered to be less than the specification
required. On the basis of site tests, further
attenuation was installed in the plantroom, which
marginally improved the situation.

However, the problem being of a very low
frequency nature, normal absorptive attenuators
are not effective, and any substantial reduction in
noise level would have come from reducing the fan
noise. The system volume was lower than design, a
common source of excessive low frequency fan
noise, and investigation of the fan noise data
showed that the factory measured levels were
higher than the quoted figures so that the
manufacturers deemed it necessary to put an
acoustic enclosure around the fan. It is still not
clear what the real purpose of this enclosure was,
as it would not alter the induct sound power level,
and as it did not have a floor the plant room noise
level was the same, if not higher than, without it.
The enclosure was very close to the inlet eye of the
fan, i.e., less than one diameter, and air was
drawn in from the partially open top of the
enclosure.

Because it seemed likely that the enclosure was
giving rise to poor intake conditions to the fan it
was dismantled. With the enclosure panels
removed, the system volume increased and the low
frequency noise reduced, to the point where it was
considered acceptable. Breakout noise is still
audible, but this is now a limitation of the normal
duct breakout through the large areas of
rectangular ductwork.

This case history shows that the following poinls
must be considered in detail for low noise level
areqs.

1. Fans should be selected for optimum
efficiency, and site airflow tests conducted
to ensure that they are working on the
correct part of their characteristics.

2. Noise control equipment must not alter the
airflow conditions into fans.

3. Main attenuators must be located in the
plant room.



4. Fans should not discharge directly into
conditioned areas.

3. Large areas of rectangular ductwork must be
avoided within the conditioned space.

Case Study 12

A number of warm air supply units were fitted ina
new extension to a factory. The units comprised a
cowl! incorporating filters, a recirculation section,
heater battery, fan and four-way discharge head.

During commissioning the units were run and it
was said that they were much noisier than similar
units fitted in the original building.

Measurements proved that the noise levels in the
extension were much higher than the calculations,
based on the building characteristics and the
supply unit manufacturer’s published data, would
have led one to expect.

Investigation revealed the interesting fact that the
manufacturer quoted the same noise spectrum for
a given size and speed of fan irrespective of the
type of installation. It was assumed that the
catalogue showed the lowest possible spectra!

Knowing the dimensions of the fan and casing, a
typical in-duct spectrum was assumed and a very
approximate value for the actual noise output of
the supply unit was determined. Using the revised
figures to predict the noise levels in the extension

gave a result reasonably close to the measured
value.

Unfortunately it was not possible to suggest an
acceptable modification since there was insuff-
icient space to accept either a larger fan or
silencer. However, when production commenced
the manufacturing background noise substantially
masked the unit noise and it was eventually agreed
that the new supply units were no noisier than the
acceplable models in the original factory.

This is a case where the fan was too noisy!

Check that the fan spectrum is the correct one for

the application — if in doubi, ask the manufact-
urer,

Beware of subjective impressions formed when
areas are unoccupied — they are usually wrong.

Case Study 13

In order 10 prevent too much noise being
transmitted down a length of ducting a splitter
silencer was fitted downstream of the fan. In spite
of this precaution, complaints of excessive noise
were received from the occupants of the offices
served by the system. Measurements verified that
the complaints were justified and the fan was
blamed for being too noisy.

The fan manufacturer, who was confident of the
acoustic characteristics of his product, looked
elsewhere in the system for the source of the noise.

Two causes were found. The silencer was
positioned too close to the fan discharge and the
consequent turbulence produced noise. The
average face velocity of the air entering the
silencer was well above that recommended and the
silencer itsell was generating a considerable
amount of noise.
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A larger silencer was installed, and positioned
further from the fan, with the result thai the
system was acceptable.

Always  design  sufficient  space
components, especially at the fan outlet.

Do not guess a silencer size. Like any other
component, it must be correctly selected.

between

Case Study 14

Two large double iniet backward curved centri-
fugal fans were incorporated in air handling units
situated in roof top plant rooms supplying
conditioned air to a multi-storey office block. The
fans produced a very intense low frequency pure
tone in the offices immediately below the
plantroom. Apart from this pure tone, the noise
level within the conditioned spaces was about
NC35. The level of the pure tone varied, but
typically raised the 31.5 octave band reading to
85dB.

At first the problem was thought to be due to a
resonance in the system which supported the air
handling unit. However, investigation showed
that the pure tone did not correspond with the fan
running speed of 23Hz but occurred at 33Hz; also
if suitable combinations of access panels were
removed, thus increasing the airflow through the
fan, the pure tone disappeared. This led to the
deduction that the problem was due to the fan
stalling and reacting with the ductwork system to
produce a resonance.

Backward curved fans are usually considered not
1o stall. This is because they do not exhibit the
abrupt stall of a forward curved fan or a high
pitch angle axial flow fan. Fig 10.6. When the
volume flow through a forward curved fan falls
below a critical value, the pressure rise drops
sharply as all of the blades stall more or less
simultaneously. With a backward curved fan, only
one or two blades stall initially, and these cause
adjacent ones to stall, while the originally stalled
blades recover. This leads to a “‘cell’’ of stalled
blades which move round the impeller. As the
flow is further reduced more and more blades
stall, but there are still other blades working more
or less normally. This enables the fan to continue
to produce its normal pressure rise as the flow rate
is reduced, with varying numbers of blades
working or stalled depending on the flow rate
required.

Since the stalled area moves round the impeller
which is itself rotating the fan is capable of
generating aerodynamic noise at frequencies other
than shaft speed. If there is a suitable duct element
which is tuned near to the natural rate at which
stall cells rotate, intense pure tones can be
produced. The intense levels and low frequencies
often produce ‘trouser shaking’ noise levels at the
fan intake or discharge.

Obviously the system resistance was such that the
fan was working on the stalled part of its
characteristic. The initial fan selection was unwise
— jt would have been better to have a larger
diameter single width fan which would have been
capable of developing a high pressure at a lower
volume flow. Fig 10.7,



The problem was cured by blanking off one half A most interesting example which emphasises the
of each of the fans reducing them to single inlet Jfact that fans, must never run on, or near, the
units, stalled part of their characteristic.
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Forward Curved Fan all blades stall Backward Curved Fan individual
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Fig. 10.6.
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Changing to a SISW {Single inlet single width] fan of the same diameter
as the oniginal DIDW {Doutle inlet double width) fan enables system 10
operate in stable range with only a small reduction in fiow rate.
Fig. 10.7.
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